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A method of improving the vibroacoustic characteristics of beams and plates is
presented. This method is based on creating dimples or beads on the surface of the
structures. The proposed method couples the finite element method with an optimization
technique based on the genetic algorithm (GA). The improvement of the vibroacoustic
characteristics of beams and plates is achieved by two separate strategies. The first
strategy is optimizing the natural frequencies of beams and plates. The second strategy is
minimizing the sound radiation from such vibrating structures.
Optimizing the natural frequencies of some types of beams and simply supported
plates by creating dimples and beads on their surfaces is investigated. The simulation
results indicated that creating cylindrical dimples on simply-supported, free-free, and
cantilever beams decreases their fundamental frequencies, while creating dimples on a
clamped beam may increase its fundamental frequency. Furthermore, creating spherical
dimples or cylindrical beads on the surface of a simply-supported plate increases its
fundamental frequency. The change in plate fundamental frequency depends on dimple
location and size, as well as on bead location, size, and orientation. The optimal designs
of dimpled and beaded beams and plates are presented.

The reduction of the sound radiation from vibrating beams and plates by creating
dimples and beads is also investigated. The main effect of creating beads or dimples is
the significant change in the beam or plate mode shapes (especially the higher order
mode shapes). The change of the mode shape plays a significant role in the mechanism of
volume velocity cancellation, which causes a reduction in the sound power. Two cases of
optimization problems are considered: the first case is the minimization of the sound
power of a vibrating plate at a natural frequency, and the second is the minimization of
the sound power of a vibrating plate at a fixed frequency. The optimization examples
proved the efficiency of beading and dimpling techniques in designing quiet plates at a
specific frequency.
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CHAPTER 1

INTRODUCTION AND OBJECTIVES
1.1 Introduction
Plate structures are widely used in engineering applications such as naval
architecture, bridge construction, and aerospace and automobile industries, due to their
high strength to weight ratio. For example, in naval architecture, plates are used for
construction of ship hulls. In aerospace industry, they are used in aircraft wings and
fuselage construction, while in automobile industry they are used in the vehicle body and
fuel tank. However, plates exhibit poor stiffness, stability, and vibroacoustic performance
due to their lateral flexibility and light weight. Plates are frequently subjected to dynamic
excitations, resulting from unbalanced rotating, oscillating equipment, etc. Vibrations
which resulted from such types of loadings may cause disturbance, discomfort, and
damage. Thus, reducing the vibration and noise which is radiated from vibrating platelike structures is a basic requirement for engineers.
The vibration and noise of the machines and structures can be reduced
conventionally after the classical design process is completed by adding damping
treatments, by isolating the machine or the structure from the surrounding, etc. However,
including the vibration and noise reduction criteria into the early stages of the design
process is more efficient and is more valuable in reducing the future running cost.
The vibration and the sound radiation can be reduced in the design process by
different approaches, such as; using the nodalizing approach (i.e., by locating the
excitation forces at vibration nodes or by moving the nodes to force locations), shifting
1

the natural frequencies away from the excitation force frequencies to avoid resonance
phenomenon, etc. In this research, we are interested in shifting the natural frequencies of
plate-like structures and in reducing the sound radiation from such structures at some
natural frequencies.
In most low-frequency vibration problems excessive response resulted when the
excitation frequency is near the fundamental frequency, so maximizing or minimizing the
structure fundamental frequency is important to solve such problems. In designing most
space vehicles, it is important to shift lower frequencies outside a certain frequency band
to avoid coupling with the control system [1]. Also, the vibration response can be reduced
by achieving a certain spacing between two adjacent natural frequencies, i.e., when the
excitation frequency lies between two natural frequencies, the suitable design is to
maximize the distance between the excitation frequency and the nearest higher and the
nearest lower frequency [2].
There are different methods to modify the natural frequencies of plate-like
structures. These methods are material selection, changing the boundary conditions,
adding internal supports, adding auxiliary structures to the original structure such as
masses and springs, adding stiffeners, and structural shape modifications.
In general, the radiated sound from vibrating structures can be reduced by reducing
the vibration level of the structure. Also, it can be reduced by altering the well-radiated
mode shapes in such a way that the overall volume velocity on the surface of the
vibrating structure is reduced. The methods which are used to modify the natural
frequency of structures are also used to reduce the radiated sound, but the objective
function herein is the sound power or any equivalent acoustical measures.

2

1.2 Research Objectives
The goal of this research is to take advantage of the stamping technology to
improve the vibration and acoustic characteristics of plate structures. The strategy relies
on altering the vibration and acoustic characteristics of plate structures passively by
forming beads or dimples on their surfaces. Dimples and beads are local modifications in
the surface of structure which alter the local stiffness. The dimple has a spherical shape
while the bead has a cylindrical shape. The main advantage of beading and dimpling
techniques over other structural dynamic modification techniques is that the plate
vibroacoustic characteristics are enhanced without any weight increase and without
additional joints. Another advantage is that forming dimples and beads on a plate is a
one-step manufacturing process, so it is a cost-effective procedure. The main limitation
is the material capacity to deform plastically without cracking. Another disadvantage is
the thickness change in the deformed areas.
In order to achieve these objectives, the possibility for shifting the natural
frequencies of beams and plates by using dimpling or beading techniques is investigated
through a parametric study. Next, optimization of the natural frequencies of beams and
plates is carried out. As a next step, reducing the sound radiation from vibrating beams
and plates is investigated (parametric study). Finally, minimization of radiated sound
based on volume velocity approach is performed.
Modeling and Finite Element modal analysis of dimpled and beaded beams and
plates is performed using ANS YS®. The optimization is based on the method of Genetic
Algorithm (GA). During optimization, ANSYS® is integrated into MATLAB® and
executed via batch-mode in order to perform the modal and harmonic analyses.
3

1.3 Dissertation Organization
This dissertation is articulated around shifting the natural frequencies of beams and
plates, and reducing the sound radiation from vibrating plates using beading and dimpling
techniques. The dissertation is presented in eight chapters. It starts with presenting some
reinforcing methods and the available and recent literature on the methods of modifying
the natural frequencies of plate-like structures and a review of the passive methods which
may be used to reduce the sound radiation from vibrating plates (Chapter 2). Discussion
of the embossing forming techniques, which will be used in bead and dimple
manufacturing, is presented in Chapter 3. In Chapter 4, the structural optimization
approach is introduced. This technique is used to determine the optimal parameters to: 1)
shift the natural frequencies of a beam or a plate, and 2) minimize the sound radiation
from vibrating plates.
Chapter 5 presents the use of the dimpling technique to shift the natural frequencies
of beam structure. In this Chapter, the beam dimpling approach is validated
experimentally. This will be followed by the dimpling and beading techniques used to
shift the natural frequencies of plate structures in Chapter 6.

Reducing the sound

radiation from vibrating plates is discussed in Chapter 7 followed by conclusions and
future work in Chapter 8.

4

CHAPTER 2
PERTINENT LITERATURE AND RESEARCH MOTIVATION
This dissertation deals with the techniques of dimpling and beading to shift the
natural frequencies of plate structures and to reduce the sound radiation from the same
type of structures. The beading technique is used widely to strengthen (statically) plate
like structures. Thus, the following section presents reviews for reinforcing plate-like
structure by beading. Sections 2.2 and 2.3 present a review of the methods which are used
to shift the natural frequencies and to reduce the radiated sound from vibrating plates,
respectively. Finally, the research motivation is explained in Section 2.4.
2.1 Reinforcing Plate-Like Structures by Beading
To enhance the strength and dynamic properties of sheet structures, some
reinforcing detail must be considered. Several stamping methods may be utilized to
improve the static and dynamic characteristics of the structure through changing its
geometry, such as: bending, curling, hemming, and rib and bead-forming, all of which are
shown in Fig. 1[3].
It is known from basic mechanics that in case of a beam with a concentrated lateral
load, the deflection is given by

5 =

fc^,

(2.1)

where F is the applied force, L is the length of the beam, / is the area moment of inertia
of the beam cross section, E is the modulus of elasticity of beam material, and k is a
5

numerical coefficient. Thus, the deflection, S, is inversely proportional to the moment of
inertia.

[f
(a)

(b)

(c)

4^=
(d)
Figure 1. Examples of reinforcing sheet metal: (a) bending method, (b) curling method, (c)
hemming method, and (d) internal bead-forming method [3]

Also, the buckling strength of a column is given by

Fcr = k ^ - ,

(2.2)

where Fcr is the buckling force which depends directly on the moment of inertia.
Consequently, in both bending and buckling, the strength may be improved by increasing
the moment of inertia [4].
Another method for reinforcing plate-like structures is by adding stiffeners such as
ribs, stringers, etc. These stiffened plates are used in a variety of engineering applications
such as the construction of aircraft fuselage, wings, and ship hulls. Intensive research

6

work was carried out on stiffened plates over the past century. In 1976, Toritsky [5]
presented a review of the analytical methods which were used for stiffened plate analysis.
It is shown from this review that, in 1902, Boobnove presented the first analytical
solution of deformation of elastic foundations stiffened by beams.
Beading and corrugation of plate-like structures are widely used to increase the
strength for static loading conditions. In the late 1960s, NASA developed beaded and
corrugated panel structures to use in many aerospace applications such as the space
shuttle and the hypersonic aircraft. The corrugated nature of these panels makes them
suitable for high temperature applications because the curved sections permit panel
thermal expansion without inducing significant thermal stress [6]. In 1970, Plank et al.
[7] studied the best primary structure of a Mach 8 hypersonic transport wing. They
studied the ultimate load, wing flutter, panel flutter, fatigue and creep for different wing
structures. The results indicated that a wing structure with a spanwise stiffened panel
consisting of a single beaded sheet provided the lowest weight and the lowest cost.
Optimization studies on the shape of beaded panels were conducted by Musgrove et
al. [6]. The optimization processes were based on combined compression, shear, and
bending loads. They compared between the unit mass for optimum conventional stringerstiffened panels with that for bead-stiffened panels and found 25-40% saving in mass in
favor of bead-stiffened panels.
Siegel et al. [8] investigated the buckling characteristics of a beaded skin panel for a
hypersonic aircraft and compared the experimental results with finite element analysis
using Nastran. The buckling analysis using FEM gave an elastic buckling load greater
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than the experimental elastic buckling load by 25%. They explained that the difference
resulted from the approximate boundary conditions. Another explanation is that at that
time Nastran exhibited an inability to account for the nonlinear effects of out-of-plane
deflection with loads applied in the plane of panel (i.e., the comparison of finite element
and experimental results could be reasonably made at a relatively low load where the
non-linear effects of bending on the stiffness were negligible).
In all of the studies mentioned above, the beaded panels are end closed corrugated
panels which can be manufactured by two steps: the pressing step, where a hydro-press is
used to corrugate the plate; and the second step, which is reforming and closing the ends
[6]. Another common method for forming beaded panels is forming beads integrally in a
panel by using stamping technique as shown in Fig. 2. This method is a one step
manufacturing method, so it is the most cost-effective procedure during manufacturing.
Moreover, in this method the panel static and dynamic characteristics are enhanced
without any increase in the mass of the panel.

Figure 2. Beaded panels
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By using finite element method, Renze and Laananen [9, 10] studied the effects of
bead spacing and bead profile geometry on the initial buckling load of bead-stiffened
panels loaded in shear and uniaxial compression (see Fig. 3). They found that the bead
height, H, bead corner radius, CR, and panel size (W) have the most significant effects
upon the buckling load; increasing the bead height increases the buckling load and
decreasing the bead corner radius increases the buckling load, while increasing the panel
size decreases the buckling load. They used the effective flat plate widths and load
reduction techniques to relate the finite element solutions with the limiting closed-form
solutions for simply supported and clamped edges. In their study, the bead has the same
thickness as the flat plate.

H

5

D

Figure 3. Bead-stiffened panel which was studied by Renze and Laananen [9]

In 2005, Hosseini-Toudeshky et al. [11] performed a parametric study to assess the
effects of bead geometry and bead spacing on the initial buckling load of the panels by
using finite element and experimental methods. They studied a panel with longitudinal
beads as shown in Fig. 4. They found that increasing the number of beads and bead
lengths significantly increases the buckling load. They also found that there is an
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optimum space between the beads for panels with more than one bead. Also it was found
that increasing the bead radius and bead height increases the buckling load. Their
experimental studies on the instability of the nose and main ribs of a light airplane wing
structure, made of beaded composite panels and sandwiched composite panels, showed
that the beaded panels give considerable increase in the buckling load capacity when
compared with the sandwiched panels. Moreover, they found that using the beaded panels
resulted in weight reductions of more than 50% when compared with the sandwiched
panels.
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Figure 4. Bead-stiffened panel which was studied by Hosseini-Toudeshky et al. [11]

Hosseini-Toudeshky et al. [12] proposed a simple equation to estimate the optimum
bead spacing for a given beaded panel. The proposed equation related the optimum bead
spacing with the bead radius (BR), the panel width, and the number of beads. They also
proposed an approximate method to obtain the initial buckling load for beaded panels.
Topology and topography optimization techniques have been used for obtaining the
optimal pattern of beads in plate structures. Topology optimization is a finite element
10

technique which is used to find the optimal distribution of the material within the
structure. The topography optimization is a method for shape optimization and automatic
shape variable generation. It is based on direct modification of the finite element grids,
i.e., the design variables may be the out-of-plane coordinates of the finite element nodes.
Soto and Yang [13] used the topology approach to determine the optimum
distribution, orientation, and spacing of beads. The optimum solution consisted of two
materials; one with isotropic material properties (to model the flat plate portion) and the
other with orthotropic material properties (to model the beads). They applied this
approach to minimize the compliance of the bottom of a vehicle fuel tank subjected to a
constant pressure load. Bordasch and Dominik [14] used Altair's topography
optimization combined with parametric optimization to minimize the compliance of a
square plate subjected to central force.
Yang et al. [15] investigated the optimal pattern of orientation of multiple beads to
improve the stiffness and natural frequencies of a cantilever plate by using the topology
approach. In their approach, the beads were modeled by beam elements lying on a base of
shell elements representing the flat plate; a topology optimization approach was then used
to determine the optimal direction of the beam elements which represents the bead
directions. The previous approach has several drawbacks: first, the bead range of
orientations is limited because the beam element mesh depends on the shell mesh as
shown in Fig. 5. Figure 5 shows the beam elements for each shell element; the dashed
lines represent a shell element and the solid lines represent beam elements.
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ZS. El
Figure 5. Beam elements (solid lines) lie on shell elements (dashed lines) [15]

Another drawback of this approach is that it produces several equally desired beam
directions in one shell element. Moreover, the topology results need some modifications
to represent it in the final shape.
The findings of this section may be summarized as follows: The beaded panels are
stiffer and have higher buckling loads than flat panels. Beaded panels are mainly modeled
using finite element methods. The beaded panels are optimized by using finite element
based methods such as topography and topology optimization approaches.
2.2 Modification of Vibration Characteristics of Plate Structures
Vibration analysis of plates has been a subject of interest for many years. Leissa
presented complete reviews of vibration of plates [16]. The vibration performance of
plate structures can be enhanced by different methods categorically known as structural
dynamics modifications (SDM). One goal of these methods is shifting the natural
frequencies of a structure away from the frequency of the excitation force to avoid
resonance phenomenon. In addition to changing the geometry of the structure and adding
stiffeners to it, the dynamic properties of a plate structure can be modified by choice of
materials and material combinations, by changing the boundary conditions, by adding
internal supports, by adding auxiliary structures to the original structure such as
equivalent masses, springs, and dampers, and by shape modification.
12

2.2.1

Changing the boundary conditions and adding internal supports
Changing the boundary conditions of a structure and adding supports or changing

the position of supports can be used to change the natural frequencies and mode shapes of
the structure. These methods are usually used when there are some design limitations
placed on the shape or size of the structure. The effects of changing the boundary
conditions of plates and shells on their natural frequencies were shown by Leissa [16].
In 1956, Veletsos and Newmark [17] investigated the vibration of plates with
internal line supports by using an extension of Holzer's method. They found the natural
frequencies of multi-span rectangular plates which are hinged along two opposite edges
and supported along lines by rigid linear supports perpendicular to the hinged edges.
They assumed that the supports offer only lateral support and no torsional restraint or
inplane shearing reactions developed between the plate and the supports. In 1961, Ungar
[18] developed a semi-graphical method for calculating the natural frequencies of a
simply supported rectangular plate which rests on a simple support placed parallel to and
between a pair of edges. Elishakoff and Sterberg [19] used the modified Bolotin's method
to study the vibration behavior of multi-span plates. They determined the natural
frequencies of rectangular plates continuous over rigid supports at regular intervals with
an arbitrary number of spans. Azimi et al. [20] applied the receptance method to study the
vibration of multi-span plates with unequal span lengths. Kim and Dickinson [21], Kim et
al. [22], and Liew and Lam [23] determined the natural frequencies of different multispan plates by using a set of orthogonally generated functions in the Rayleigh-Ritz
method. Young and Dickinson [24] used simple polynomials, which were previously
used by Kim et al. [22], in the Rayleigh-Ritz method to determine the natural frequencies
13

of plates with straight or curved internal line supports. Zhou and Cheung [25] developed
a set of admissible functions and used it in the Rayleigh-Ritz method to study the
vibration of line supported rectangular plates with general boundary conditions. The
developed functions are the static solutions of a point supported beam under a series of
sinusoidal loads. Wei et al. [26] presented the discrete singular convolution (DSC)
algorithm for solving the problems of plates with partial internal line supports.
Applications of DSC with irregular internal supports and complex internal supports for
plates with various boundary conditions were studied by Xiang et al. [27] and Zhao et al.
[28].
Xiang et al. [29] were able to accurately determine up to ten natural frequencies for
two- and three-span rectangular plates with at least two opposite simply supported edges
by using Levy method and the state-space technique. The continuity at the interface
between any two spans is satisfied through imposing the boundary continuity conditions
along the interface. Xiang and Wei [30] used the same approach to find the exact
solutions for a vibration of multi-span rectangular Mindlin plates. Based on classical
Kirchhoff plate theory and by using the state-space approach in conjunction with joint
coupling matrices, Lti et al. [31] presented exact analysis for free vibration of long-span
continuous rectangular plates with internal line supports. They investigated the effect of
the internal line support position on the plate natural frequencies. Gorman and Garibaldi
[32] found analytical solution for the natural frequencies and mode shapes of multi-span
bridge decks by using the superposition method. They found the lateral displacement
shape of each individual span then applied the zero lateral displacement and continuity
conditions at the inter-span support locations.
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Plates with point supports have also been studied by a considerable number of
researchers. Cox [33], in 1955, and Johns and Nataraja [34] in 1972 investigated the
vibration of square plates with supports at the mid-points of all four sides. In 1973, Rao et
al. [35] evaluated the first few natural frequencies of a square plate, symmetrically
supported at four points on the diagonals by using the finite element method. In 1983,
Raju and Amba-Rao [36] evaluated the first few natural frequencies of a square plate
resting on four point supports along the diagonals by using the finite element method and
compared the results with reference [35]. By using orthogonally generated polynomials
as admissible functions in the Lagrangian multiplier, Kim and Dickinson [37] studied the
flexural vibration of rectangular plates with point supports. Bapat et al. [38-40] and Bapat
and Suryanarayan [41] studied the vibration of rectangular plates with various types of
supports by using the flexibility function approach. In this approach, the point support on
a free edge is simulated as a zero of the flexibility function and a fictitious elastic
restraint distribution is assumed over the free edge.
In 2001, Huang and Thambiratnam [42] investigated the vibration characteristics of
rectangular plates on elastic intermediate supports by using the finite strip method in
combination with a spring system. The spring system was used to model the elastic
supports. They applied this approach to study the free vibration of a bridge with column
supports. They found that the column supports cannot be modeled as point supports for
studying the vibration. The reason of this result is that the point supports can only restrict
the transverse displacement and cannot restrict the rotational deformation at the
supported area. On the other hand, column supports can restrict the translational and
rotational deformation at the supported area.
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Optimization studies have been conducted by many researchers. Pitarresi and Kunz
[43] used classical optimization theory to maximize the fundamental frequency of a plate
by changing the location of four symmetrically distributed point supports on the plate.
They fitted the fundamental frequency versus support location data by using a twodimensional non-linear least-square fit, and then maximized the fundamental frequency.
Xiang et al. [44] maximized the fundamental frequency of a plate by optimizing the
location of rigid point supports. They used the Rayleigh-Ritz method for vibration
analysis and simplex method for the optimization process. Won and Park [45]
investigated the optimal elastic support positions for a structure to maximize its
fundamental frequency. In this study the supports were flexible and their stiffness
changed during optimization process.
The findings of this section may be summarized as follows: The fundamental
frequency of plates can be significantly increased by adding internal supports. In addition
to changing the natural frequencies, the internal supports change the mode shapes. The
appropriate position, for point supports, to maximize the fundamental frequency is the
position with the maximum displacement at the first eigenfunction (i.e., at the center of
simply supported plate).
2.2.2

Adding auxiliary structures
Vibration analysis of plates with masses, springs, and dampers has been an active

research subject in the last six decades. The natural frequencies and mode shapes of
plates with additional masses, springs, and dampers have been studied by several
researchers. In 1954, Cohen and Handelman [46] calculated the fundamental frequency
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of a rectangular plate, simply supported on two edges and free on the other two and
carrying a mass of finite width running completely across the plate, by using the
Rayleigh-Ritz method. They found that attaching a mass at the center of this type of plate
may either increase or decrease its fundamental frequency. The effect of this distributed
mass on the fundamental frequency depends on different parameters, such as the ratio
between the density of the mass and the density of the plate, the aspect ratio of the plate,
and the ratio between the mass width and plate width. Amba-Rao [47] solved the problem
of a simply supported rectangular plate carrying a concentrated mass using the Dirac
delta function and the double-finite-sine transform. Das and Navartana [48] extended an
analytical method, which previously used to study the vibration of a beam with
concentrated elements, to study the vibrations of a rectangular plate carrying a
concentrated mass, spring, and damper with one clamped edge and three simply
supported edges. In 1968, Magrab [49] extended Amba-Rao method and presented a
closed form solution for a rectangular plate carrying a concentrated mass with two
opposite simply supported edges and the other two edges either clamped or free. He
combined the finite-sine transform and the Laplace transform in his solution. Shah and
Datta [50] derived the equations of motion of a rectangular plate, with various boundary
conditions and carrying any number of concentrated masses, by using the energy
principle.
In 1995, Lin and Lim [51] based on the concept of substructioring to predict the
natural frequencies of plates with any combinations of masses, springs and dampers.
Based on the mode superposition technique, they derived the plate receptances and
combined them with the receptances of the auxiliary structures to find the equivalent
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receptance of the plate with the combination. By analyzing the receptances of the
modified plate, they found its natural frequencies.
MacMillan and Keane [52] studied shifting the natural frequencies of a simply
supported rectangular plate by applying concentrated masses to it. They found that the
addition of mass to the plate reduced its natural frequencies within bounds. They studied
the problem by three analytical methods; inductive modal sum method, direct modal sum
method, and the frequency dependent force method. The first two methods were based on
the work of Amba-Rao [47]. In the last method, they treated the point masses as
frequency dependent forces.
Wu and Luo [53, 54] studied the vibrations of rectangular plates carrying lumped
masses. These masses were connected with the plate by springs. They used analytical and
numerical combined method to avoid the algebraic difficulties of pure analytical method.
In 2006, Wu [55] studied the vibration of a rectangular plate carrying multiple threedegree of freedom spring-mass systems. He used equivalent mass method to represent the
plate with mass-spring systems as a plate carrying equivalent lumped masses.
In summary, adding point masses to plates decreases their natural frequency. On the
other hand, adding distributed masses may increase or decrease the plate fundamental
frequency. The distributed mass has two effects on plate fundamental frequency: First,
the increase of plate mass decreases its fundamental frequency. Second, the mass
covering a finite area on the plate increases its stiffness and hence tends to increase the
plate fundamental frequency [46].
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2.2.3

Adding stiffeners
Plate and shell structures are reinforced by stiffeners such as ribs, stringers, etc.

These stiffened plates are used in a variety of engineering applications such as the
construction of aircraft fuselage, wings, and ship hulls. In the late 1950s, researchers
started studying the dynamic behavior of stiffened plates. One of the first publications in
stiffened plate dynamics is the paper by Hoppman and Magness [56] published in 1957.
In this study, the stiffened plate was idealized as an orthotropic plate. Researchers have
used various methods to treat the stiffened plate such as finite difference methods, energy
methods, finite element and finite strip methods, in addition to experimental
investigation.
The finite difference method was used by Wah [57] in 1964. He calculated the
natural frequencies of rectangular plates continuous over identical and equally spaced
elastic beams. Natural frequencies and mode shapes of rectangular plates with stiffening
in one direction were investigated by Long [58]. He used the composite beam-like
method and assumed negligible inplane displacements in the direction of stiffening. Aksu
and Ali [59] used variational principles in conjunction with finite difference techniques to
obtain the natural frequencies and mode shapes of plates with equally spaced stiffeners.
For the sake of simplicity, they considered the in-plane displacements in the direction of
a stiffener and neglected them in the direction normal to the direction of stiffening. Aksu
[60] extended the previous method to include in-plane displacements in the direction
normal to the direction of stiffening. Mukhopadhyay [61, 62] used the finite difference
method to study vibration and stability of stiffened plates. In this method, he assumed a
displacement function such that it satisfied the boundary conditions, then the free
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vibration and stability equations of the stiffened plate were reduced to ordinary
differential equations with constant coefficients.
Energy methods were used to study the vibration of stiffened plates. Kirk [63, 64]
studied the vibration behavior of stiffened plates by using Rayleigh-Ritz method. He
obtained the first symmetric and antisymmetric modes of a simply supported plate
reinforced by a single stiffener placed along one of its center lines. The Lagrange method
was used by Bhandari et al. [65] to investigate the free and transient forced vibration of
skew-stiffened plates. The Lagrange equation was solved by choosing a displacement
function that satisfies the boundary conditions. The effect of stiffener spacing on the free
vibration of stiffened plates was studied by Bhat [66] using Rayleigh-Ritz method. Other
researchers, such as Wu and Liu [67], Lam and Hung [68], and Lee and Ng [69], used the
Rayleigh-Ritz method to study the vibration behavior of stiffened plates.
Yourkovich et al. [70] carried out dynamic analysis of stiffened dynamic structure
by finite element method (FEM). They examined the natural frequencies, mode shapes,
and frequency response of stiffened plates. In this approach, two-node stiffener elements
were combined with a nine-degree-of-freedom triangular plate element. For these
triangular elements, each node has one translation degree of freedom in the out-of-plane
direction and two rotational degrees of freedom about the two inplane coordinates. Rao et
al. [71] studied the vibration of rib-stiffened cantilever plates by using the finite element
method for a model consisting of a three-node plate element associated with nine-degreeof-freedom compatible beam element. Similarly, other researchers have used the FEM to
study the vibration behavior of stiffened plates (e.g., Orris and Petyt [72], Mukherjee and
Mukhopadhyay [73], Mukherjee and Chattopadhyay [74], Sabir and Djoudi [75], Barrette
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et al. [76], Barik and Mukhopadhyay [77], Samanta and Mukhopadhyay [78], Voros [79],
and Akl et al. [80]). The finite strip method was also used for the analysis of stiffened
plates [81-85]. In the finite strip method, harmonic functions are used in the longitudinal
direction and polynomial functions are used in the transverse direction, unlike in the
FEM, where the polynomial displacement functions are used in both directions [86].
The transfer matrix method was used by Mercer and Seavy [87] to predict the
natural frequencies and normal modes of a skin-stringer panel. The using of the transfer
matrix method in aircraft panels was reviewed by Lin and Donaldson [88]. The structural
intensity concept was used in the design and analysis of stiffened plates by Tse et al. [89]
andXuetal. [90].
Briefly, optimization techniques were used to maximize the natural frequencies of
the stiffened plates by changing the stiffeners' locations and orientations: Lee et al. [91]
utilized the evolution strategies as an optimization tool, Jung et al. [92] used a
determinant search method, and Marcelin [93] used a genetic optimization technique. Lee
et al. [94] used topology optimization to find an optimal rib-stiffener pattern to reduce
broadband vibration and sound radiation.
In summary, adding stiffeners to plates increases significantly their natural
frequencies. The stiffeners increase the stiffness and the weight of these plates. However,
the stiffening effect is dominant. The main limitation of this technique is the increase in
the weight of the structure. Another disadvantage of this technique is the additional cost
if its production.
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2.2.4

Structural shape modifications
In this section a review of relevant research is presented where the dynamic

characteristics of structures are altered by changing their geometries, such as by using
topology and topography optimization techniques, forming bead stiffeners, etc. The use
of bead stiffeners is the main focus of the work presented in this dissertation. The main
application of bead technology is to increase the stiffness for static loading conditions.
However, beading is also used to enhance the vibration characteristics of plates under
dynamic loading conditions. Yang et al. [15] investigated the optimal pattern of location
and orientation of multiple beads to improve the stiffness and natural frequencies of a
cantilever plate by using a topology approach. This approach is suitable to determine the
suitable region of the beads but not the orientations or the shapes (see Section 2.1).
Harzhiem and Lieven [95] used Altair's topology and topography optimization
tools to maximize the first five natural frequencies of rear parcel shelf. In general,
topology and topography optimization techniques have several drawbacks: (1) topology
optimization can be used to identify possible bead locations and orientation but cannot be
used to identify the bead geometry [96]; (2) topography optimization leads to rough
surfaces which decrease the mesh quality and possibly increase the artificial stiffness
[95]; (3) the results of topology and topography techniques are not necessarily
manufacturable, so they need some interpretation by an experienced engineer. Luo and
Gea [96] investigated the optimal bead orientation for both static and dynamic cases.
They converted the optimal bead orientation problem into an optimal orientation problem
of bending equivalent orthotropic materials, then the problem of bending equivalent
orthotropic materials was solved by using the energy based approach. The split rigidity
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concept was used to derive the equivalent thicknesses of the shell design cell which was
used to compute the stress resultant-strain and stress couple-curvature relations. They
assumed that the bead increases the flexural rigidity of the plate along its direction while
the membrane stiffness and the transverse shear stiffness remain the same. So an
equivalent thickness for the bending rigidity along the bead direction was approximated
by using

(2.3)

t„ = {^)'\

here Ib is the area moment of inertia of the bead cross section about its centroidal axis,
and / is the length of the bead stamped cell. Also, they assumed that the equivalent
extensional thicknesses, equivalent shear thickness, and equivalent twisting thickness of
the bead cell are approximately equal to the base structure thickness. Their assumed ideal
bead is shown in Fig. 6 where its equivalent bending thickness was considered two times
that of the base structure.

Figure 6. Bead-stamped cell [94]
The previous approach has some drawbacks: (1) it is difficult to manufacture this
ideal bead in a plate structure; (2) the assumption that the bead increases the bending
rigidity in its direction only and there are little effects in the other directions is not usually
accurate, because in actual beading the thickness of the bead is less than the thickness of
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the base plate and this may cause weakening effect in the direction perpendicular to the
bead direction.
In 2007, Park et al. [97] proposed a surface-grooving technique to raise the natural
frequencies of a structure. The authors defined the groove as "an arbitrary-shape bead
pattern that gathers embossed elements". In this approach, the modal strain energy was
calculated at each element to determine the initial grooving location; the element with the
highest modal energy was selected for the initial grooving (or embossing) position. Then
the grooving expanded to the neighboring element which gave the highest frequency gain
(in this step all the neighboring elements were separately embossed and the frequency
gain is measured for each element). They claimed that the frequency increment is more
sensitive to the position of the embossed bead rather than its height. So they set the height
of the embossed bead to a constant value. This approach was applied to maximize the
first natural frequency of a square plate in which the grooving started in the middle of the
plate then expanded towards the corners.
2.3 Review of Sound Radiation Modifications of Plate Structures
As mentioned before, another goal of this research is to investigate the use of
dimpling and beading techniques in order to minimize sound radiated from plate
structures. As such, a review of similar studies is in order. Decreasing the noise emission
of vibrating machines and structures is one of the recent challenges of engineering. Rapid
advances of computers have encouraged researchers to employ numerical optimization
techniques to minimize the sound radiation from vibrating structures. The methods of
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structural-acoustic optimization for passive noise control are well reviewed by Marburg
[98]. Some of more relevant methods are discussed below.
2.3.1 Material tailoring
Structural design, which includes noise and vibration consideration, based on
material tailoring has grown as a result of the advent of new materials and advanced
computer modeling. In material tailoring, the acoustic model is constructed in terms of
the material properties to be optimized (such as density, modulus of elasticity, etc). Next,
the optimization process is applied to obtain the optimal properties which minimize the
noise radiated by the structure [99].
Material tailoring of structures to achieve a minimum sound radiation at a single
frequency was studied first by Naghshineh and Koopmann [100]. They enforce the
structure to vibrate as a weak radiator at a specific frequency. In their approach, the
radiation problem was decoupled from the structural vibration problem. They found the
optimal surface velocity distributions which produce the minimum radiation condition
(weak radiator), and then they enforced the structure to vibrate similar to the optimal
surface velocity distributions by tailoring the modulus of elasticity and density of the
structure.
Marburg et al. [101] investigated the minimization of sound radiation from finite
beams over a frequency range. They optimized the distribution of density and modulus of
elasticity to minimize the sound power of vibrating beams over a frequency range
containing about eight natural frequencies.
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2.3.2 Changing thickness
It is known that the thickness of a plate structure is an important factor which
affects the structural dynamic characteristics. In general, decreasing the thickness of a
plate may increase noise generated and may affect other design criteria such as the
maximum stress. On the other hand, increasing the plate thickness enhances its stiffness
and may decrease the radiation of noise, but it increases the structural weight. Thus, in
the work presented by researchers, the process of reducing the radiated sound from a
plate by changing its thickness is constrained, in which the weight of the structure does
not exceed some value and the thickness is bounded.
Lamancusa and Koopmann [102,103] demonstrated that sound radiation can be
reduced significantly by the optimal local thickness distribution of a plate. They studied
different optimization strategies to reduce the acoustic radiation of a clamped plate by
using CONMIN (a Fortran program for constrained minimization based on a method of
feasible directions). Their optimization strategies include the minimization of the radiated
sound power at a single frequency or over a broad frequency band, the minimization of
the radiation efficiency over a number of modes, and forcing the plate to vibrate in a
"weak radiator" mode shape.
Belegundu et al. [104] presented a general gradient-based optimization algorithm
for minimizing radiated sound power of a baffled plate over a broad band excitation.
They applied their optimization strategy to determine the optimum local thickness
distribution of a rectangular plate and an engine cover plate. In their approach, they
increased the accuracy and reduced the computational time by calculating analytically the
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design sensitivity coefficients for gradient-based optimization. Tinnsten [105] minimized
the sound intensity at a point above the center of a rectangular plate by the optimal
distribution of the thickness. An optimization code known as MMA (Method of Moving
Asymptotes) was used in this study. The results were validated experimentally.
In 2006, Bos [106] optimized the thickness distribution of a structure with respect
to the mean level of structure-bome sound (MLS). The MLS is a measure of the
vibrational sensitivity of the structure. The level of structure-born sound (Lsh2 or LS) can
be calculated by

LS(f) = 10 l o g 1 0 ( ! | P ) ,

(2.4)

where / is the excitation frequency (in Hz), S is the structure surface area, /i 2 (/) is the
mean squared transmission admittance which is a function on the surface normal velocity
and the excitation force, and S0hf0 = 2.5 * 10~ 15 m4/(N2 s2) is a standard value. The
mean squared transmission admittance can be calculated by

>i2(/)=^,

(2.5)

where Frms is the root mean square of the excitation frequency [106].
2.3.3

Changing boundary conditions
Changing the boundary conditions of a structure does not only change its vibration

characteristics but also influences its acoustic radiation. Berry et al. [107] studied the
radiation of sound from a baffled rectangular plate with edges elastically restrained
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against deflection. They varied the elastic constants of these edge constraints to
reproduce different boundary conditions. Then, they studied the sound radiation in the far
field by using one-dimensional Fourier transforms. They found that increasing the
rotational stiffness of the supports (i.e. changing the boundary conditions from simply
supported to clamped) decreases the radiation efficiency at low-order modes, while it
does not significantly affect the radiation efficiency at high-order modes.
Park et al. [108] investigated the effects of support properties on the sound radiation
of the plate. They found that the dissipation of vibrating energy at the edges strongly
affects the velocity response and the sound radiation from the plate. Similarly,
Muthukumaran et al. [109] demonstrated that properly 'tuning' the boundary supports
can achieve significant noise reduction at a frequency of interest.
Qiao et al. [110] noticed that the clamped support yields lowest radiated sound
power level, simply supported plates take the second place, and free plates exhibit the
highest power level. The work presented in this paper is different from these presented by
Berry et al. [107] in that Qiao et al. [110] changed the boundary condition of one side of a
plate while keeping the other three edges clamped. Also, Maidanik [111] assumed that
the acoustical wavelength is small in comparison to the dimensions of the plate and
concluded that the radiation resistance of a clamped plate, before the critical frequency,
was twice that of the simply supported case.
In 2008, Denli and Sun [112] studied the optimal boundary supports to reduce the
sound radiation of rectangular and circular plates. The mean square normal velocity of
the radiating surface was used as an equivalent to the radiated acoustic power. The design
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variables were the boundary supports which constrained both the in- and out-of-plane
degrees of freedom of the plate. The boundary conditions were discretized as elastic
elements at the boundary of the plate and the heuristic method of homogenization was
used to parameterize the stiffness-based boundary conditions, i.e., the elastic elements at
the nodes are expressed in the power law abkmax, where 0 < a <l,b

> 1, and kmax is

the maximum stiffness. The optimization results showed that translational supports affect
the sound radiation more than the rotational supports, and the sound radiation was
reduced when the out-of-plane degrees of freedom boundaries were completely
constrained.
2.3.4

Adding masses
In addition to changing the natural frequencies and mode shapes of plate structures,

adding masses affects the acoustic radiation of such structures (at the cost of increasing
plate weight). St. Pierre and Koopmann [113] minimized the sound power radiated from
plates by placing point masses at specific locations on the plate. In the optimization
process, they modified the shapes of the resonant modes of the plate such that these are
forced to become weak radiator mode shapes. The CONMIN optimizing algorithm was
used in this study. The simulation results showed that adding four optimal point masses
to a clamped plate reduced its sound power at the (3,1) mode shape by about 30 dB.
These results were experimentally validated and a 24 dB reduction in sound power was
found. Concerning a clamped square plate under harmonic force excitation, Wodtke and
Koopmann [114] minimized the radiated sound power of the second symmetric
resonance by attaching optimally sized point masses at specific locations. They adopted
the volume velocity minimization approach. The point masses were determined so as to
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modify the mode shape of the second symmetric resonance to become a weak radiator
mode shape, i.e., the new mode shape causes vanishing of the volume velocity. The
experimental results agreed well with the simulation results at low excitation frequencies.
By optimal placement and sizing of small point masses, Constans et al. [115,116]
presented a design approach for minimizing sound power radiated from vibrating shell
structures. In their approach, they coupled the finite element method (for modal and
vibration analysis) with a lumped parameter/wave superposition code (for determining
sound power radiation), and the simulated annealing method for optimization process.
The previous three steps were performed in an iterative loop by using shell optimization
for acoustic radiation program (SOAR). The summation of the sound power at the first
five natural frequencies was minimized.
In 2008, Li and Li [117] studied the acoustic radiation behavior of a plate with a
distributed mass loading surrounded by air or water. They noted that the acoustic
radiation behavior of a mode depends on the location of the placed masses; the acoustic
radiation will exhibit relatively larger changes if the mass is placed on the antinodes of
the mode shape.
2.3.5

Adding stiffeners
As mentioned previously, introducing additional stiffeners reinforces the plate

structures and raises their natural frequencies. Additionally, the stiffeners change the
acoustic properties of plate structures. Fahy [118] explained briefly the effect of ribstiffening in plates on sound radiation. It is noted that the attachment of stiffeners to a
plate increases its radiation efficiency below the critical frequency because the stiffeners
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effectively divide the plate into smaller plates, and the radiation efficiency of the smaller
plates exceeds that of the larger plates with the same material.
The influences of the stiffeners on the radiated sound can be divided into three main
categories [119]: The vibrating effect, the source effect, and the obstacle effect. In the
first category, the vibrating behavior of the stiffened plate is analyzed, and then the sound
radiation from the base plate is calculated by using the Rayleigh method. In this
approach, the role of stiffeners as vibrating surfaces and as obstacles to the sound field is
not taken into account. The source effect results from the vibration of the stiffeners; since
stiffeners experience normal velocities, these can be considered as acoustic sources as
well. Sometimes, a stiffener represents itself as an obstacle to the sound field. In this
case, its effect depends on its surface, size, and position. The source effect and the
obstacle effect are usually negligible in comparison with the vibrating effect.
In 1973, Evseev [120] analyzed the sound radiation from a thin infinite plate
reinforced with equally spaced beam stiffeners under the action of a harmonic driving
force. He found that the reinforcing beams increased the sound radiation at the resonance
frequencies. The reinforcing beams were assumed small in comparison with sound
wavelength, and the beams were attached to the plate in the hinged mode. According to
the assumptions, the beams were disregarded and their actions were replaced by
equivalent forces based on the beam impedance and the plate vibration amplitude.
Mace [121] studied the sound radiation from a point-excited infinite plate which
was reinforced by two sets of parallel stiffeners. The stiffeners consisted of bulkheads
and intermediate ribs. He found that the effects of the two sets of stiffeners on the far
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field radiated sound pressure depend on the number of ribs between the bulk heads and
the point of excitation. He used the Fourier wave number transforms and the stationary
phase approximation to find the far field pressure.
Topology optimization was used by Lee et al. [94] to find the optimal rib-stiffener
pattern for reducing vibration energy and/or radiated acoustic power. They assumed that
the plate vibrates in a light fluid so the fluid coupling was ignored and the dominant
modes were well separated. The objective function was the summation of the peak values
of the kinetic energy or the peak values of the sound power in a frequency range. They
demonstrated that a significant KE reduction was attained and a little sound power was
reduced.
Keltie and Gray [122] investigated the low frequency sound radiation from both
infinite and finite submerged stiffened plates. They noted that the stiffeners have an
influence in enhancing the low frequency radiator of sound especially at certain
frequencies (when the wavenumber associated with the rib spacing and the dominant
structural response wavenumber coincide).
Moyne and Tebec [119] studied the source effect of ribs on the sound radiation of
stiffened plates. They proposed a criterion for the source effect of the ribs. This criterion
depends on the geometrical and vibrating behavior of the plates and the stiffeners,

E
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where S is the radiating surface and {v£) is the mean quadratic normal velocity of the
vibrating surface. They found that the radiated power from the ribs cannot be neglected if
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E has a considerable value (e.g. when E = 30% the power difference can exceed 3 dB).
Moyne et al. [123] extended the analysis of source effect and included the obstacle effect.
They found that the source effect of the rib can decrease the radiated sound from the plate
at the fundamental frequency, but it increases the radiated sound at the higher natural
frequencies. To study the obstacle effect, they assumed a plane barrier of height h. This
barrier is placed at the center distance between two point sources with the same output
and in opposite phase. They found that the obstacle effect depends on h/X and d/X,
where X is the acoustical wavelength in air and d is the distance between a point source
and the barrier. Their results show that if h/X < 1/6 and d/X > 0.4 then the obstacle
effect is negligible.
2.3.6

Structural shape modifications
Adding auxiliary elements to plate structure may reduce the radiated sound.

However, this strategy requires additional weight and cost. Geometrical modifications of
plate structure may reduce the radiated sound without any increase in the weight and with
little cost. The geometrical modifications include different formation methods such as:
curvature, bent, and embossment formation.
Kaneda et al. [124] presented an optimal design approach for reducing sound power
radiated from a plate by its curvature design. They represented the curved geometry by
using B-spline technique, where the heights of six control nodes were selected as the
design variables. The optimization was based on a Genetic Algorithm. The vibration and
acoustic analyses were based on the finite element method and Rayleigh integral method,
respectively. Later in 2010, Ranjbar et al. [125] used B-spline technique to modify the
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shape of a square plate to minimize the mean square level of structure borne sound
(MSL). They assumed that the reduction in MSL leads to a reduction of the radiated
sound power but they did not validate this assumption. Structural bending design to
reduce the radiated sound from plate structure was studied by Jeon and Okuma [126].
They bent a rectangular plate by nine parallel lines, and the heights of these bending lines
were selected as design variables. The particle swarm optimization algorithm (PSOA)
was used to find the best heights of bending lines to minimize the radiated sound power
which was generated by the well-radiating modes only.
In 2002, Fritze et al. [127] studied the reduction of radiated sound power of plates
by local modifications of the geometry. A bead was formed as a local vertical
modification of the plate. In the domain of modification, the locations of finite element
nodes were modified in direction normal to the plate plane to create the bead. The height
at any point in the bead was given as a function of its centroid height, H, width, w,
length, I, and its local coordinate, xioc and yloc

z

loc(.xloc> Vloc) - JJ^I [Xloc ~ ~^) [Vloc ~ ~)>

(2-7)

By considering a square bead with known dimensions and orientation, Fritze et al.
[127] found that the radiated sound power was decreased by placing the bead close to the
excitation area. Since the optimal size and depth depend significantly on the position of
the bead, they tried to find the optimum bead which minimizes the radiated sound power
of the plate by taking into account six parameters that describe the bead (location
coordinates (xioc, yioc), length, width, height, and orientation). In their optimization, they
used a gradient based method which highly depends on initial design variables. The
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initial design of the local modification was placed near the excitation area. After 5000
evaluations of the objective function, the position of the local modification changed
marginally and the radiated sound power reduced by only 3.5 dB (this optimal solution is
likely a local optimum).
In 2008, Jeon and Okuma [128] proposed an optimum embossment of a rectangular
section in a plate to reduce the radiated sound. The design variables were embossment
height, width, and length. Firstly, the indicative mapping of embossment positioning
(IMEP) was used to determine the best location of the embossment. Then, the particle
swarm optimization algorithm (PSOA) was used to determine the optimal dimensions of
the embossed rectangle at the best placement position. In IMEP, the ratio between the
sound pressure on the surface of each small element in the plate and the overall sound
pressure on all surface area of the plate was calculated over a broad frequency band using

IMEP(nj) = A ^ T ° , x 100%,

(2.8)

where Np is the number of small elements, Nf is the number of sampling frequency
points, o>( is the frequency, and Ps(rij, o>j) is the mean square sound pressure at the center
point of the surface of the n ; th element at the frequency.

The IMEP can also be

calculated using

IMEPinj) =

ffiT^T0

^ x lOOo/o,

(2.9)

where pc is the characteristic impedance of the fluid surrounding the plate, and vs is
particle normal velocity on the plate surface. They found that the IMEP is maximum for
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the elements near the excitation force. As a result the embossment was located under the
excitation force. However, as indicated by Fritze et al. [127], placing the embossment
under the excitation force can result in high sound reduction, but it most likely gives a
local minimum, and may not give the global minimum because the optimal geometry of
the local modification depends significantly on its position.
2.4 Research Motivation
The literature review shows that there has been a recent increase in research
targeted at modifying the vibroacoustic characteristics of plate structures. Published
papers have focused on studying the effect of adding internal rigid supports, adding
auxiliary substructures, or adding stiffeners. Specific focus has been given to changing
plate natural frequencies and sound radiation. As a result of the advent of the fast
processors and high computational power, there is an increase toward studying the effect
of local shape modification on the natural frequencies of plate structures and sound
radiation from such structures.
The papers in the field of structural shape modification mainly used topology and
topography approaches in the local modification of plate surface [15, 95, and 97]. Some
papers used B-spline technique to define the curved geometry of plate surface [124, 125].
Other papers defined the local modification as a flat embossment, i.e., all the deformed
area remains flat after modification [97, 128]. One paper defined the local modification
area by using a function [127]. To the best of my knowledge, there is no paper studying
the effect of creating spherical dimples or cylindrical beads on the surface of plate
structures with specific focus on changes in their vibroacoustic characteristics. The
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literature review shows that most researchers have studied, in general, static properties of
beaded panels, and more specifically, they have studied the effect of beads on enhancing
the buckling mechanism of plate structures. In this research, the vibroacoustic
characteristics of plate structures are enhanced by forming spherical dimples and
cylindrical beads in the surface of the plate structure. These dimples and beads are more
realistic and easier to manufacture than the other modifications.
In all the previous studies, the thickness of the deformed area is assumed constant
before and after deformation. This assumption is not accurate because in reality the
thickness of the deformed area is smaller than the thickness of the undeformed area. A
more accurate assumption would be to keep the mass of the plate constant during the
deformation process. In this research the thickness of the deformed area is a function of
the dimple or the bead geometrical parameters, i.e., as the surface area of the dimple or
the bead increases, its thickness decreases.
Similar to plates, the vibration characteristics of beams can be altered by addition of
cylindrical surface dimples. As a first step, the research starts with investigation of the
dimpling technique in modifying the natural frequencies of different types of beams.
Then, it explores this design method on plates.
The vibroacoustic optimization problems are highly nonlinear and have multilocal
optimal points. To solve the complex optimization problems and to have a high
probability of reaching a global optimal design, the genetic algorithm (a kind of
stochastic methods) is used in optimizing the natural frequencies and minimizing the
sound radiation of beaded and dimpled plate structures.
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CHAPTER 3

BEAD AND DIMPLE FORMING
Beads and dimples are local modifications on the surface of a structure, used to
increase its stiffness and to enhance its vibration and acoustics properties. Therefore, it is
important to consider the processes for incorporating such features into a structure, to
understand the potential effects of the material properties on the manufacturing processes,
and to know any manufacturablity limitations.

This Chapter provides some information about the forming of beads and dimples
and the manufacturing limitations. Section 3.1 describes the embossing forming and the
suitable materials for such forming. Sections 3.2 and 3.3 summarize some practical
information about bead depth limitation and semispherical dimple maximum depth,
respectively.

3.1 Embossing Forming

Beads and dimples can be created in a flat plate by embossing operation. In general,
the embossing operation is a metal forming process used to press features and patterns
into the surface of a metal part. The embossing process extends from pressing a small
stamp into the surface of the work piece to pattern the entire surface of a component with
detailed design. The embossing operation is considered as a part of stamping operations
[129]. In general, the principle of the stamping process may be described as the use of a
die and press (or punch) to cut or form a piece of sheet metal into the desired shape, as
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shown in Fig. 7. The sheet is clamped around the edge and forced into a die cavity with a
punch.
The stamping operation is usually composed of three primary forming modes; these
modes are cup drawing, bending and straightening, and stretching, illustrated in Fig. 7
[4].
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Figure 7. Forming modes: a) cup drawing, b) bending and straightening, c) stretching [4]

In cup drawing, a circular blank is usually drawn into a circular die by a flat-bottom
cylindrical punch. As the flange is pulled toward the die opening, the decrease in blank
circumference causes a circumferential compression of the metal. The bending and
straightening mode is often confused with the cup drawing mode. In both cases, metal is
pulled from a flange and bent over a die radius. However, in bending and straightening,
the die line is straight, the flange length does not change, and no circumferential
compression or buckles are generated. In stretching mode, the sheet metal is clamped at
the die ring by lock beads or hold-down pressure. A domed punch is pushed into the
blank which causes tensile elongation of the metal and therefore the thickness of the sheet
decreases, and this forming is known as a biaxial forming stretch [4].
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In stamping operation, as in all metal-forming operations, work is performed above
the yield strength and below the fracture strength. The relationship between the
mechanical properties of sheet metal and forming performance has been studied
extensively in many investigations. It is found that the performance of sheet steels in
stretch-type operation is related to the strain-hardening exponent, n, and the strain rate
hardening exponent, m [4].
• Strain-hardening exponent, n.
For some metals, such as low-carbon steel, the shape of the plastic portion of the tension
stress-strain curve may be described by the equation:
a = ken,

(3.1)

where a is the true stress, e is the true strain, n is the strain-hardening exponent and k is
the strength coefficient. In this equation, the strain-hardening exponent, n, is the measure
of the metals ability to resist localized straining. A metal with a low value of n sustains
localized straining early in the stretching process and fails before much uniform strain
occurs. On the other hand, a metal that has a high n value tends to strain uniformly even
under nonuniform stress conditions. Thus, for a good stretchability, a high strainhardening exponent is desirable [4].

• Strain-rate-hardening exponent, m.
It is a measurement of the change in flow stress with an incremental change in
strain rate. The shape of the plastic portion of the tension stress-strain curve may be
described by the equation:
a = kem,

(3.2)
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where a is the true stress, e is the strain rate, m is the strain-rate-hardening exponent and
k is the strength coefficient. The m value influences the distribution of strain in a manner
similar to the n value. During neck formation, a positive m value opposes the rapid
localization of the neck and causes the neck to be more diffused. On the other hand, a
negative m value promotes the localization of the strain. Therefore, for good
stretchability, a high strain rate hardening exponent, m, is desirable [4].

For stamping, the material must possess great ductility combined with high tensile
strength. In general, materials which are used in stamping fall into one of three groups:
ferrous metals, non ferrous metals, and non-metallic materials [3]. The most common
material used for stamping is the low carbon cold-rolled or hot-rolled steel. Regular lowcarbon sheet steel, commonly used in the automotive industry, has typical yield strength
in the range 172-241 MPa [4].
In addition to the ductility and high tensile strength properties, the raw materials
which are used in stamping must have good surface finish, uniform crystalline metal
structure, and comparatively low cost [3].
3.2 Bead Depth Limitations
The maximum depth to which a bead or a dimple may be embossed depends on
several factors, such as:
• Bead cross sectional shape: beading is a process in which metal flow is produced by
stretching. Consequently, the smoother the shape, the easier the operation and the deeper
the bead that may be formed. The large radius bead is the best of all, because its shape
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allows uniform strain distribution. Next, comes the v-bead shape. The flat v-bead is less
favorable, and the worst design is that with a flat bottom such as embossed offset shown
in Fig. 8. Because in flat bottom no stretching occurs and all stretching is concentrated in
the walls. As a result, the likelihood of wall cracking increases [3].
• Rounding Radii: by increasing the rounding radii, Ri and R2 in Fig. 8, the strain
concentration decreases. Consequently, it is important to increase the rounding radii as
possible. The rounding radii should be more than 1.5 to 2 times the sheet metal thickness
[3].
• Sheet metal thickness: as the sheet metal thickness increases, the maximum stretching
that sheet metal can withstand without necking increases [3], therefore the ability of the
metal to stretch increases, and so bead depth increases.
• Physical properties of the sheet metal: as the ductility of the metal increases the depth
to which a bead can be embossed increases. Additionally, as the strain-hardening
exponent and strain rate hardening exponent increase, the depth to which a bead can be
embossed increases.
•

Location of the bead: it is recommended to leave a distance of at least 2.5 to 3 times

the sheet metal thickness between the bead edge and sheet edge to ensure that a bead will
be formed by stretching [3].

To determine the limits of forming a bead, experiments must be done. For example,
some experiments were conducted on v-bead and flat v-bead embossment styles to
determine the maximum depth of these beads. It was found that the depth limit is about
three sheet-metal thicknesses, which is reduced to two sheet-metal thicknesses for
commercial grades of steel and alloys of aluminum [130]. Specific results from the
42

beading of a v-bead and offset bead are shown in Tables 1 and 2. Specific results from
the embossing experiment are provided in Tables 1 and 2.
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Figure 8. Bead depth limits [130]

Table 1. V-bead maximum depths [130]
Maximum Depth,
H(in)
0.065
0.073
0.091
0.095
0.095
0.109
0.113

Metal
Aluminum 3003-H14
Aluminum 1100-H14
HRS SAE 1008 CQ
CRS SAE 1008 CQ
CRS SAE 1008 DQ
Stainless steel 304 soft
Stainless steel 302 soft

Sheet thickness,
h(in)
0.032
0.032
0.059
0.058
0.024
0.035
0.035

H/h
2.03
2.31
1.54
1.64
3.96
3.12
3.22

Table 2. Offset maximum depths when offset radii are 0.062 inch [130]
Maximum Depth,
//(in)
0.105
0.075
0.140
0.160
0.180
0.185
0.205

Metal
Aluminum 3003-H14
Aluminum 1100-H14
Aluminum 3003-0
Aluminum 1100-0
CRS SAE 1008 DQ
CRS SAE 1008 AK
Stainless steel 304 soft
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Sheet thickness,
h(in)
0.032
0.032
0.032
0.032
0.025
0.035
0.035

H
v inn
60.0
84.0
112.0
128.0
144.0
148.0
164.0

For the semicircular bead, shown in Fig. 9, only the material within the width of the
die takes part in the deformation process since the flow of material from the sides is
restricted. The greatest depth can be determined from the following empirical equation
[131]

Hmax = cnW,

(3.3)

where, c = 1.5 for steel and 1.1 for copper and aluminum, n is the strain-hardening
exponent, and W is the bead width

L
Figure 9. Semicircular bead [131]

3.3 Forming Limit Diagram (FLD) and Semispherical Dimple Maximum Depth
The semispherical dimple is a special case of the beads, which are embossed by
using a domed punch as shown in Fig. I.e. In comparison with the forming of long bead,
the semispherical dimple forming allows uniform strain distribution all over the dimple
and equal strains in all the directions (biaxial stretch forming). So, it is the best one for
stretching operations. To find the approximate forming limits of a dimple, we may use
the Forming Limit Diagram.
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3.3.1

Forming Limit Diagram (FLD)
To study the deformation of a sheet metal during forming processes a circular grid

pattern will be engraved on the sheet metal surface before pressing, as shown in Fig. 10.
In general, the circles will be deformed into ellipses after pressing. These ellipses can be
measured to find the principal strains [131].

oooo
oooo
oooo
oooo
Figure 10. Patterns of circle grids

Circular grid patterns deform differently based on the type of loading. There exists
a relationship between the distortion of the circle and the type of stressing. If the ellipses
have the same surface area as the original circles, then the deformation has taken place
without any change in blank thickness. By conducting a series of experiments it will be
possible to find combinations of maximum strain (along the major axis of the ellipse) and
the minimum strain (along the minor axis of the ellipse) for which necking or fracture
occurs over a wide range of conditions, from deep drawing (tension-compression), as
shown in Fig. 11, to stretch forming (tension-tension), as shown in Fig. 12. The resulted
relation between the major strain and minor strain at breakage is put in a diagram known
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as Forming Limit Diagram (FLD) [131]. The FLD for different low-carbon steels is
shown in Fig. 13.

^~ . J L - '

Figure 11. Strains in circular grid element (General Case)

Figure 12. Strains in circular grid element (Biaxial Stretch Forming)

For general forming, as shown in Fig. 11, the major and minor strains are calculated
from the following formulas.
LL-D
-major

~

z

_Ls-D

minor

D

D

* 100%

(3.4)

* 100%

(3.5)

For biaxial stretch forming, see Fig. 12, the major and minor strains are equal and
can be calculated from the following formula.
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Figure 13. Forming limit diagram for three, 2mm thick low-carbon steels [4]

The forming limit diagram depends on sheet metal thickness and strain-hardening
exponent. The level of the standard shaped curve for low-carbon steel is fixed by the
intercept of major strain axis; this point is labeled as FLDo. FLDo depends mainly on the
strain hardening exponent, n, and the plate thickness. The value of FLDo increases as the
strain hardening exponent or plate thickness increases [4].

One of the requirements for a satisfactory forming is to obtain as uniform a strain
distribution as possible. In addition to material properties, there are some factors which
influence strain distributions such as lubrication during metal forming processes [4]. It is
clear that the friction forces are generated between the tool and contacting work piece.
These friction forces reduce the strain of the work piece in the direction of the applied
load. The magnitude of the friction influences the shear stresses at the interface between
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work piece and punch, the tensile stresses in the plane of the sheet, and the local strains.
Variations of the coefficient of friction can cause nonuniform stress distribution, and
therefore, nonuniform load strain distributions. Sufficient uniform lubrication is essential
for achieving uniform maximum strains.
3.3.2

Dimple Maximum Depth
The forming limit diagram may be used to find the approximate maximum depth of

the dimple. The first step in determining the approximate maximum depth of a dimple
(shown in Fig. 14) is to find the maximum strain which resulted from a biaxial stretch
forming using forming limit diagram, i.e., the point of intersection between the forming
limit curve and the straight line which represents emajor = eminor

is the point of

maximum strain.

20

-f
Figure 14. Semispherical dimple with diameter D and depth H

The second step is to find Lmax/D
b L

f=

by using the following equation,

emax+l

(3.7)

The next step is to find the maximum angle of the dimple by solving the following
equation numerically,

D

(3.8)

sin(0max) '
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Finally, the ratio between the dimple maximum depth and diameter can be found by
using

Umax

D

~

— \—•cos(0max)
2yjll+cos(0max)

„ „
*• " '

'

For example, by using FLD it is found in the case of a biaxial stretch forming that the
maximum strain is emax = 0.5. Then Lmax/D

= 1.5 and 0max

1S

estimated numerically

equals 85.7°. Finally, by using Eq. (3.9), the ratio between the maximum depth and base
diameter of the dimple is -Si3£- « 0.46.
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CHAPTER 4
INTRODUCTION TO STRUCTURAL OPTIMIZATION
In today's competitive world, engineers are forced to design efficient and costeffective systems. Conventional design depends on engineers' experience and skills
which sometimes results in an inefficient or expensive design. So there is a need for
optimal designs which compromise between the different design criteria.
The research in the optimization field has been conducted over the last seventy
years. According to Kirsch [132], some optimization methods were developed during
World War II, in which the structural elements of aircraft are optimized by minimizing
their weight. Since then, many types of optimization methods have been investigated and
applied to different practical applications such as mechanical and structural design.
This chapter explains the fundamentals of optimization problems (Sees. 4.1 through
4.3). Then, the genetic algorithm optimization approach, which is used in this research
for optimizing the natural frequencies and acoustic response of dimpled and beaded
plates and beams, is briefly described in Section 4.4.
4.1 General Concepts
The most important step in design optimization is translating the problem from
descriptive form into its proper mathematical formulation. The formulation of the optimal
design problem can be divided into three steps: definition of design variables,
identification of the objective function, and identification of constraints [133].
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•

Definition of design variables

In this step of the problem formulation, the design variables are identified. The design
variables are the parameters which describe the system. These design variables can be
denoted as a vector x,
x = [xxx2

... xn]T,

(4.1)

where n is the number of design variables.
•

Identification of the objective function

The objective function is the criterion used to compare between different designs. In
other words, the objective function, / ( * ) , is a function of the design variables that will be
maximized or minimized. In the case of minimization, the objective function can be
called cost function.
•

Identification of constraints

The constraints are the restrictions which are placed on the design. These constraints can
be equality and/ or inequality constraints, linear, and/ or nonlinear constraints. The set of
points that satisfy both the equality and inequality constraints is known as the feasible
set S.
S = {x\hj(x) = 0,j = lto p; gj(x) < 0,j = p + 1 to m],

(4.2)

where p is the number of equality constraints, and m is the total number of constraints.
Also, the lower and upper bounds of the design variables are included in the inequality
constraints.
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After these definitions, the standard design optimization problem can be formulated as:
Minimize / ( * ) ,

(4.3a)

Subject to hj(x) = 0,j = ltop,

(4.3b)

gjix) < 0,j = p + ltom,

(4.3c)

4.2 Local and Global Minima
The objective function, fix),

has a local minimum at a point x* if the function

value at the point x* is the minimum compared to all other points in a small
neighborhood of x* [133]. The objective function, fix), has a global minimum at a point
**if

fix*) < fix),

(4.4)

for all points, x, in the feasible design space. If strict inequality, i.e., fix*) <

fix),

holds, then x* is called the strict local minimum. From inequality 4.4, it is noted that the
objective function may have more than one global minimum points as long as the points
correspond to the same objective function value.
4.3 Global Optimality and Convexity
A question usually arises: is the optimum solution a global or a local minimum?
The answer is the optimum solution is a local minimum (no guarantee for global
minimum) [134]. There are two methods to find the global optimum [133]:
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•

Exhaustive search. In this method, all the local minimum points are calculated. Then
the local minimum point with the smallest value is the global minimum. This method
requires extensive calculations and the objective function has to be continuous on a
bounded feasible set to guarantee the existence of a global minimum.

•

Showing the problem is a convex optimization problem. When the problem is convex,
then any a minimum point is also a global minimum.
The optimization problem is called a convex optimization problem if the objective

function is convex over the convex feasible set. A feasible set of points S is called a
convex set if and only if any two points P1 and P2 in the set can be connected by a line
segment PXP2 which is also in the feasible set 5. Some examples of convex and non
convex sets are shown in Fig. 15. By the definition of convex set, we can conclude that
linear equalities and linear inequalities always define a convex feasible set. The nonlinear
equalities always define a nonconvex feasible set [133].

s

* J

S

\ h

(a)

(b)

(c)

(d)

J

Figure 15. Examples of convex (a and b) and non convex sets (c and d)
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A function is called convex if and only if its Hessian matrix is positive definite or
positive semidefinite at all points over its domain of definition. For any function
/ ( xlt x2,..., xn), the Hessian is denoted as H or V 2 / and can be defined as
d2f
dx±2
d2f
dx2 9xi

d2f
flxi dx2
d2f
dx22

d2i
-dxn dx-i

32f
dxn dx2

H

d2t
dx1 dxn
d2i
dx2 dxn

'"

(4.5)

32f
dxn2 -

The Hessian matrix is a positive definite if and only if all its eigenvalues are strictly
positive(li > 0, i = 1,2, ...,n). The Hessian matrix is a positive semidefinite if and only
if all its eigenvalues are nonnegative(Aj > 0, i = 1,2, ...,n).
For a nonlinear inequality constraints, g,(x) < 0, the convexity condition of gj(x)
is only sufficient but not necessary for the convexity of the feasible set. In other words, if
the constraint function #,(*) is convex, then the feasible set is convex. But if the
constraint function gj(x)

is nonconvex, then the feasible set can be convex or

nonconvex.
In most vibroacoustic optimization problems it is difficult to check the convexity.
Because of the lack of global optimality conditions, a possibly global optimum can be
obtained only by an exhaustive search of the design space. The best optimization
approaches to solve such problems are known as stochastic methods. These methods
include genetic algorithms, simulating annealing, etc. In this research, genetic algorithm
toolbox in Matlab is used in optimizing the natural frequencies and minimizing the sound
radiation (a brief explanation to genetic algorithms is introduced in the next section).
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4.4 Genetic Algorithms
Genetic Algorithm (GA) is a stochastic optimization method that is based on the
concept of biological evolution. The GAs were used at the first time outside the frame of
biological studies in 1975 by Holland [135]. Since there, GAs have been widely used in
different engineering problems due to their ease of implementation and robust
performance [134].
Like other stochastic approaches, GAs depend on random processes to search for
candidate global optimum. There are some variations between the stochastic approaches
and the pure random search. The important difference is that the stochastic approaches try
to reduce the computational efforts by using techniques to approximate the region of
candidate optima, while pure random search evaluates the objective functions at large
number of points which are selected randomly over the feasible set. Then the optimal
value found is the candidate global optimum. Therefore, the pure random search is
inefficient due to the large number of samples [134].
4.4.1 Genetic algorithms steps
In general, GA is divided into basic steps which can be described in the flowchart
shown in Fig. 16. It is started with a set of candidate points (called population) forming
the first generation or iteration. These candidate points cover the entire search space.
Then the objective function (fitness function) is evaluated for each point. The points with
relatively good objective functions are used to generate a new set of candidate points by
using three basic operators: reproduction, crossover, and mutation. The new set of
candidate points forms the second generation or iteration. The algorithm continues
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iteration (generation) until reaching the stopping criteria, such as finding the optimum,
reaching the maximum number of generation, constraints tolerance, etc.
4.4.2 Genetic algorithms operators
As mentioned previously, the points with relatively good objective functions are
used to generate a new set of candidate points. The selected points in the current
population are called parents who will contribute in generating the next population.

Create Initial Random
Population

Evaluate the Objective
Function of Each Candidate
Point in Population

Stop

Select Genetic Operation

ir

Mutation

1

r

ir

Reproduction

Crossover

Figure 16. Flowchart for GA optimization procedure
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The first operator is the reproduction. This operator selects the candidate points in
the current generation with the best objective functions as candidate points in the next
generation. The second operator is the cross over. This operator combines the vectors of
two candidate points (parents) in the current generation to create a candidate point in the
next generation sharing characteristics of both parents. Combining the best characteristics
of both parents may result in superior candidate point in the next generation [136].
It is noted that the reproduction and crossover perform a recombination of the
candidate points in the current generation. So there is a need for an operator which
explores new regions in the feasible set. This operator is the mutation. The mutation
creates a new candidate point by randomly changing some components of a candidate
point in the current generation. The mutation is important to move a population out of a
local optimum and to look for other local optima or may be a global optimum [136]
The GA operators are illustrated in Fig. 17. Where the variables x,y,D,

and H are

the design variables of a dimpled plate with a single dimple, x, and y are the location
parameters of the dimple center, D and H are the height and diameter of the dimple
respectively.
4.4.3 Genetic algorithms advantages
In comparison with traditional optimization methods, GA has the following
advantages: a) It works without any need to differentiate the objective function or
constraints, which is useful when the objective function or constraints are nondifferentiable, and when it is difficult to write the objective function in a closed form; b)
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It works with a population of points at each iteration instead of one point, which provides
the ability to find multiple optimal solutions in the research space. Searching in many
different areas of the search space increases the probability to reach to the global
optimum.
The significant disadvantage of GAs is their high computational cost. GAs need a
massive computational time for evaluating the objective functions and performing genetic
operations. But, with the availability of high speed computers, the computational cost
might not be a very big issue [134].
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CHAPTER 5
OPTIMIZING THE NATURAL FREQUENCIES OF BEAMS VIA DIMPLING
TECHNIQUE
Beams are widely used in many mechanical and civil engineering applications.
Similar to other structural components, beams are subjected to dynamic excitations. Thus,
reducing the vibration of these structures is an important criterion in engineering design.
One method to improve the vibration characteristics of beams is shifting their natural
frequencies away from frequency of the excitation force.
The objective of this chapter is to investigate optimizing the natural frequencies of
beams by creating cylindrical dimples on their surfaces. The presented design strategy is
as follows. First, finite element modal analysis of the dimpled beam is performed. In
particular, ANSYS is used in modeling and finite element analysis of dimpled beams.
Second, an optimizer based on the method of genetic algorithm (GA) is used to locate
and size the dimples on the beam. This Chapter starts with a review for the methods
which are used in modifying beam natural frequencies (Section 5.1). This will be
followed by the modeling of the dimpled beam. In order to understand the effects of
dimple size and position on the beam natural frequencies and bending stiffness for
different beam boundary conditions, a parametric study and a stiffness study are
conducted in Sections 5.3 and 5.4. In Section 5.5, the Genetic Algorithm (GA) is used to
determine the optimal size and position of the dimples that will change the beam natural
frequencies based on three different ways of describing the optimization problem.
Finally, the dimpling approach is validated experimentally in Section 5.6.
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5.1 Beam Natural Frequencies Modification Methods
There are different methods to modify the natural frequencies of beam structures.
The papers which are related to the study of free vibration of modified beams can be
divided into three groups. Group 1 contains papers which study the effect of changing the
boundary conditions and adding internal supports on the natural frequencies of beams.
The effect of changing the boundary conditions of beams on their natural frequencies are
well known and may be found in many books [137,138]. One of the earlier studies on
adding internal supports to a beam in order to optimize its natural frequencies is the paper
by Szelag and Mroz [139], in which the support positions and stiffnesses were changed.
Group 2 contains papers that added auxiliary structures, such as masses and springs,
to beams in order to change their natural frequencies. This group contains the greatest
body of papers. For example, Wu and Lin [140] studied the effect of adding concentrated
masses to a cantilever beam. They used an Analytical and Numerical Combined Method
(ANCM) to determine the beam natural frequencies. They found that the fundamental
frequency of a cantilever beam which is carrying a single mass increased when the mass
was moved from the free end to the fixed end. Wang and Cheng [141] used structural
patches to shift the natural frequencies of a beam to designated values. Other authors
studied the problem of beams carrying elastically mounted masses, carrying springs
and/or dampers. For example, Wu and Chou [142] determined the natural frequencies of
a uniform beam carrying a number of concentrated sprung masses by using the ANCM.
The natural frequencies of a non-uniform beam with distributed sprung masses were
studied by Zhou and Ji [143]. The authors found that the beam with distributed sprung
masses which appear in groups can be represented by an equivalent series of concentrated
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sprung masses. Wu and Chen [144] studied the free vibration for a cantilever beam
carrying mass-spring-damper systems. They replaced the mass-spring-damper system by
the equivalent effective spring constant and the effective damping constant, then they
used ANCM to predict the natural frequencies.
Group 3 contains papers that changed the geometry of the beam (cross section) of
the beam in order to modify its natural frequencies. In general, these studies focused on
tapered beams with different profiles and in stepped beams. A good example of designing
tapered beams has been provided by Ece et al. [145]. The authors studied the natural
frequencies of a tapered beam in which its width was varied exponentially along its
length. They found that this design increased the natural frequencies of clamped beams.
Another example of this group is a paper by Jaworski and Dowell [146] which presented
an investigation of the free vibration of a stepped cantilevered beam. They determined the
first three beam natural frequencies by using the Rayleigh-Ritz method, the component
modal analysis, and the finite element method.
The optimal design of beams with respect to natural frequencies can be found in
literature. Karihaloo and Niordson [147] maximized the fundamental frequency of a
cantilever beam by tapering its cross section while keeping its mass constant. Gupta and
Murthy [148] investigated the optimal design of uniform non-homogeneous beams. They
varied the modulus of elasticity distribution through the beams, assuming constant
density, to maximize its fundamental frequency. Olhoff and Parbery [149] maximized the
gap between two adjacent natural frequencies by using the beam cross-sectional area
function as a design variable. Wang et al. [150] investigated maximizing the natural
frequencies of beams while minimizing the stiffness of an intermediate elastic support.
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A more recent method related to the third group is changing the natural frequencies
of a beam using dimpling technique. Cheng et al. [151] studied shifting the natural
frequencies of a beam to designated values by forming a series of cylindrical dimples on
its surface. They divide the dimpled beam into two substructures: curved and straight
substructures. Then, they found the impedance of each substructure. Finally, the dimpled
beam was assembled by using the impedance coupling technique [151]. They assumed
that the mass of the beam is the same before and after forming the dimples, so the
dimpled parts of the beam are thinner than the other parts of the beam. For the case of a
simply supported beam, they concluded that creating dimples on the beam reduces its
fundamental frequency because the dimple is thinner than the other parts of the beam, so
its bending stiffness is smaller than that of the original beam. In their examples, the beam
natural frequencies are shifted to designated values by placing dimples at fixed locations
and varying the angle of dimples. This is done only for one boundary condition.
Among the previous methods, changing the geometry by applying dimples to the
structure is the most cost-effective procedure. The main advantage of this technique over
other structural dynamic modification techniques is that the dynamic modification can be
achieved without any weight increase, without additional joints, and with only a one-step
manufacturing process. However, successful implementation of dimples requires detailed
knowledge of the effect of such geometrical changes on to the structural dynamic
characteristics.
It is clear from the literature that there is a need to study the effect of creating
dimples on a beam surface with different boundary conditions. Also, in addition to
shifting the natural frequencies, it is important to study the optimal design of a dimpled
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beam. This provides an insight to the limits of the dimpling technique for the purpose of
shifting beam natural frequencies.
5.2 Dimpled Beam Modeling
The beam dimple is a part of cylinder that extends through the width of a beam. The
dimpled beam is modeled as shown in Fig. 18, where JC represents the distance between
the dimple center and the left beam boundary, 0 represents the dimple angle, R represents
the dimple radius, and D represents the dimple chord.
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Figure 18. Schematic representation of a simply supported dimpled beam
The mathematical relations between the dimple dimensions can be summarized as

R=

4H2+D2
8H

(5.2)

D = V8///? - AH2

and

(5.3)

where H is the height of the dimple. The mass of the beam is held constant before and
after creating the dimple; so the beam is thinner at a dimple location than the flat parts of
the beam. Assuming the dimple has a uniform thickness, its thickness can be found by
using:
,

2 sm(0/2) .

h

d =

z

(5.4)

h,
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where h and hd represent the original thickness of the beam and the dimple thickness,
respectively.

The dimpled beam is modeled using the ANSYS Parametric Design

Language (APDL). In this scripting language the model can be built in terms of
parameters, so the locations and geometries of the dimples can be defined as variables.
These can then be modified systematically to enable the optimization process to take
place. A beam element, with two nodes and three degrees of freedom at each node, is
used for meshing the solid model. The degrees of freedom of each node are two
translations in the local x- and ^-coordinates and one rotation about the z-axis.

Global
coordinates

X

Figure 19. ANSYS beam3 element

The objective of this work is to find the optimal values of the dimple geometrical
parameters in order to optimize the fundamental frequency or combination of natural
frequencies. The first step is to study the effects of geometrical variables such as x, 0,
and R on the beam natural frequencies. This discussion is presented in the next section.
5.3 Parametric Analysis
To design the dimpled beam, three independent geometrical parameters, for each
dimple, need to be determined; x, R, and 0, or x, R, and D, or x, 0 , and D. Consider a
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beam with length L = 0.3 m, width b = 0.025 m, thickness h = 0.001 m, modulus of
elasticity E = 189 GPa, and density p = 7688 kg/m3. Four sets of boundary conditions
will be taken in consideration during this study; simply supported, free-free, cantilever
(fixed-free), and clamped (fixed-fixed) boundary conditions. In the simply supported
beam, one end can only rotate around z-axis while the other one can translate in the xdirection and rotate around z-axis (i.e., one end is pinned onto rollers). In the fixed
boundary condition, the motion of the end is fully constrained, while in the free boundary
condition, the end can translate in both x- and ^-directions and can rotate around z-axis.
To study the effect of dimple position and angle on the beams natural frequencies, the
dimple chord D is held constant and set equal to a tenth of the beam length and the
dimple position and angle are changed. The results for the first three natural frequencies
are shown in Figures (20-23), where fliND,

/2,ND>

and f3iND

are m e

fundamental

frequency, second natural frequency, and third natural frequency of the beam before
dimpling, respectively. The dimple angle varies from 10 - 180 deg. For all symmetric
boundary conditions, the dimple location is changed from the end of the beam to the
middle. For the cantilever beam, the location of the dimple is changed all the way from
the fixed end to the free end.
The changes of the first three natural frequencies of a simply supported beam by
varying the dimple position and angle are shown in Fig. 20. The natural frequencies of
the simply supported beam can be decreased by forming a single dimple on it. In general,
increasing the dimple angle decreases the natural frequencies, i.e., increasing the dimple
angle decreases its thickness, consequently, the bending stiffness of the beam decreases.
For a large-angle dimple, the natural frequencies are very sensitive to the change of
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dimple position, i.e., the fundamental frequency is minimum when the dimple lies in the
middle of the beam (x/L = 50%), while the second natural frequency is minimum when
the dimple lies near x/L « 20 — 25% or x/L « 75 — 80%. Furthermore, the third
natural frequency is at a minimum when the dimple is created near the ends or the center
of the beam. It can be concluded that creating the dimples at the higher modal strain areas
has a significant effect on the corresponding natural frequency.
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Figure 20. Percentage change of natural frequencies of simply supported beam by varying the
dimple location: a) fundamentalfrequency(f1ND = 24.98 Hz), b) second natural
frequency (J2IND — 99.98 Hz), and c) third naturalfrequency(f3iND = 225.02 Hz)
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In fact, Cheng et al. [151] investigated the changes of the first natural frequency of
a simply supported beam by varying the dimple position and angle. Their results are used
as a validation and a benchmark for the study presented herein. The results shown in Fig.
20(a) agree well with the results of Cheng et al. [151].
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Figure 21. Percentage change of natural frequencies offree-freebeam by varying the dimple
location: a) fundamentalfrequency(fliND = 56.70 Hz), b) second natural frequency
(/2JVD = 156.17 Hz), and c) third natural frequency (f3ND = 306.26 Hz)

As in the case of a simply supported beam, for a free-free beam, increasing the
dimple angle decreases beam natural frequencies as shown in Fig. 21. Similarly, the
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maximum effect on any natural frequency occurs when the dimple is created near the
higher modal strain areas in the corresponding mode shape.
The changes of the natural frequencies of a cantilever beam by varying the dimple
position and angle are shown in Fig. 22. The natural frequencies of the cantilever beam
can be decreased by addition of a single dimple. Also, increasing the dimple angle
decreases the beam natural frequencies.
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Figure 22. Percentage change of natural frequencies of fixed-free beam by varying the dimple
location: a) fundamental frequency (fliND = 8.91 Hz), b) second natural frequency
(f2,ND — 55.68 Hz), and c) third naturalfrequency(f3iND = 156.17 Hz)
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Creating the dimple near the fixed end increases the bending flexibility. As a result,
the natural frequencies, especially the first one, are decreased by creating the dimple near
the fixed end. Similar to the previous beams, creating the dimple near the higher modal
strain areas, significantly affects the corresponding natural frequency of the cantilever
beam.
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Figure 23. Percentage change of natural frequencies offixed-fixedbeam by varying the dimple
location: a) fundamental frequency (f1ND = 56.70 Hz), b) second natural frequency
(f2,ND — 156.17 Hz), and c) third natural frequency (f3jND = 306.26 Hz)

As shown in Fig. 23, creating a dimple on a surface of clamped beam may increase
or decrease its natural frequencies. This is different from the results obtained for creating
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the dimple on the surfaces of simply supported, free-free, and cantilever beams, in which
creating dimples decreases their natural frequencies. To emphasize this uniqueness of the
clamped beam, the effect of creating the dimple on the surface of the beam should be
understood. The effect of creating a dimple on beam natural frequencies can be
summarized by two points: 1) the thinning effect, and 2) the curvature effect. Since the
dimple is thinner than the other parts of the beam, the bending stiffness of the dimpled
beam is smaller than that of the original beam, as a result of this thinning the natural
frequencies decrease. On the other hand, the curvature increases the bending stiffness of
the beam, i.e., creating a curvature in a beam couples its transverse and axial vibrations.
If the boundary conditions prevent the beam from extension axially during lateral
deflection, then the bending stiffness will increase. In simply supported, free-free, and
cantilever beams considered before, one or more of the boundary conditions allow for the
longitudinal motion of the beam. Thus, the curvature of the dimple does not increase the
bending stiffness of these beams. However, the thinning effect reduces the bending
stiffness and as a result reduces the natural frequencies. On the other hand, the boundary
conditions in the clamped beams prevent any longitudinal motion. Thus, the curvature
effect increases the bending stiffness of the beam. Therefore, two factors influence the
natural frequencies of clamped beam; the thinning effect which reduces the beam natural
frequencies, and the curvature effect which increases the beam natural frequencies.
In general, the maximum increase on the natural frequencies of the clamped beam
occurs when the dimple angle is moderate (approximately between 60° and 100°). It is
also noted that creating the dimple near the fixed ends or the middle of the beam
increases its fundamental frequency when the stiffening effect is dominant. Furthermore,
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using a dimple with an angle less than 140° increases its second and third natural
frequencies. In summary, it can be concluded that creating the dimples near the boundary
conditions and at the higher modal strain areas has a significant effect on clamped beam
natural frequencies.
It is obvious from Figures (20-23) that the dimple has its maximal influence on the
natural frequencies when it is located within the regions of high modal strain and antinodal positions. Moreover, creating a dimple in simply supported, free-free, and
cantilever beams decreases the beam natural frequencies, while creating a dimple in a
clamped beam increases the beam natural frequencies in some instances and decreases
these natural frequencies in other instances. Furthermore, the maximum influence of
creating a single dimple in simply supported, free-free, and cantilever beam occurs at a
high dimple angle, but this is not the case for the clamped beam.
To study the effect of dimple size on the beam fundamental frequency, a single
dimple is located at the middle of the beam and its radius (/?) and angle (0) are changed.
The normalized dimple radius varies from 5%-50% and the dimple angle varies from 10180 deg. The changes of the fundamental frequency of different types of beams by
varying the dimple size are shown in Fig. 24.
Figure 24 illustrates that the simply supported, free-free, and cantilever beams
follow the same trend. By increasing the dimple radius R and angle 0 the fundamental
frequency decreases. Thus the dimple with radius set to half the beam length and with an
angle 180° results in the lowest fundamental frequency. In this case the dimpled beam
converges to a semi circular arch with a diameter equal to the original beam length and a
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thickness of 0.637 times the original beam thickness. As mentioned previously the
reduction of the beam thickness at the dimpled area decreases its bending stiffness. Any
increase in the dimple size causes a decrease in the thickness of other parts of the beam
which causes an additional decrease in the beam bending stiffness. The reduction of the
thickness spreads to the other parts of the beam as the size of the dimple increases and as
a result the bending stiffness of the beam decreases more and more.
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Figure 24. Percentage change of the fundamental frequency by varying the dimple size for: a)
simply supported beam (fliND = 24.98 Hz), b) free-free beam (fliND = 56.70 Hz), c)
fixed-free beam (f1>ND = 8.91 Hz), and d)fixed-fixedbeam (fliND = 56.70 Hz)
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On the other hand, for the case of the clamped beam, the fixed supports at the
clamped beam prevent any axial movement of the beam. As explained before these fixed
supports increase the bending stiffness. The increase of clamped beam stiffness increases
its natural frequencies. The increase or decrease in the fundamental frequency depends on
the dominance of the thinning or curvature effect. The significant increase in the
fundamental frequency occurs when the dimple has a large radius and moderate angles
(70°-110°). Any increase in the angle beyond this range decreases the fundamental
frequency.
Creating the dimples not only changes the beam natural frequencies but also
changes the mode shapes as evident in shifting of the nodal points. Figure 25 shows a
comparison between the first three mode shapes of a beam before and after dimpling;
where the dimple location is defined by x = 0.15L and the dimple angle as 0 = 180°.
The nodal points (zero crossings) for second and third beam mode shapes have shifted
drastically. Thus, these mode shapes have changed significantly. Although the results
shown in Fig. 25 correspond to a simply-supported beam only, similar changes were
observed in cases of other beam boundary conditions. These changes in beam mode
shapes are expected to alter the beam vibration response due to any force excitation as
well as radiation of sound emitted from such vibrating beams.
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dimple (— original beam, and ••• single-dimple beam)

5.4 Stiffness Study
In the previous section, the effect of dimple position and size on the natural
frequencies of different types of beams was studied. The results are explained based on
the hypothesis that dimpling changes the stiffness of the beam, and that results in the
change in beam natural frequencies. In order to demonstrate the validity of this
hypothesis, the effect of dimpling on beam bending stiffness is studied in this section.
To show the effect of dimpling technique on the bending stiffness of beam
structure, a static force is applied at the middle of different types of beams and the
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stiffness is calculated for the beams before and after dimpling. The bending stiffness of a
beam is given by

kb = / - ,

(5.5)

"max

where kb is the bending stiffness, F is the applied force, and Smax is the maximum
deflection of the beam. Consider a beam with length L = 0.3 m, width b = 0.025 m,
thickness h = 0.001 m, modulus of elasticity E = 189 GPa, and density p = 7688 kg/m3.
This beam is subjected to a static point-force at x = 0.5 L having amplitude of 5 N. Two
sets of boundary conditions will be taken in consideration during this study; simply
supported (hinged-roller), hinged-hinged, clamped (fixed-fixed),

and

fixed-roller

boundary conditions. The roller end boundary conditions allow beam displacement along
the longitudinal axis of the beam which allowing us to study the effect of change in this
constraint on beam stiffness.

To study the effect of dimple position on the beams bending stiffness, the dimple
chord D and angle 0 are held constant (D = 0.1 L and 0 = 100°) and the dimple position
is changed from 0.051 to 0.95Z. The bending stiffness of the dimpled beam (kb) is
normalized to the bending stiffness of the beam without dimple (kbND).

Figure 26 shows

the effect of dimpling technique in changing the bending stiffness of hinged-hinged and
hinged-roller beams by changing the location of a dimple. As shown creating the dimple
decreases the bending stiffness of the hinged-roller beam, while it increases significantly
the bending stiffness of the hinged-hinged beam. As explained in Section 5.3,
constraining the axial motion of the beam plays a significant role in increasing its
bending stiffness. In the absence of the axial constraint, the thinning of the dimpled area
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is dominant in reducing the bending stiffness. The influence of the dimple is obvious
when it is created near the middle of these beams because this represents the higher
bending moment location as shown in Fig. 27.
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Figure 26. The change of the bending stiffness of hinged-hinged and hinged-roller beams by
varying the dimple location
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Figure 28. The change of the bending stiffness of fixed-fixed and fixed-roller beams by varying
the dimple location
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Figure 29. The bending moment diagram of fixed-fixed and fixed-roller beams

Figure 28 shows a comparison between the bending stiffness of fixed-fixed and
fixed-roller beams by varying the location of the dimple. As shown creating the dimple
decreases the bending stiffness of the fixed-roller beam, while it increases significantly
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the bending stiffness of the fixed-fixed beam. Similar to hinged-hinged and fixed-fixed
beams, the effect of creating the dimple is significant when it is created at the area of high
bending moment as shown in Fig. 29. Note that the beam bending stiffness increases
significantly when the dimple is placed near the beam ends.
To study the effect of changing the dimple angle on the bending stiffness of beams,
the dimple is created at the middle of the beams (x = 0.5 L) and the angle varies from 0 180°. Figure 30 shows the bending stiffness of different types of beams by varying the
dimple angle. The fixed-fixed and hinged-hinged beams have the same trend; by
increasing the dimple angle, the bending stiffness increases to an optimal value at 0 «
100° (i.e., the curvature effect of the dimple is dominant at small angles). Any additional
increase in the angle above this optimal value causes a decrease in the stiffness (i.e., the
thinning effect of the dimple becomes dominant at large angles). Moreover, the fixedroller and hinged-roller beams demonstrate the same trend; increasing the dimple angle
decreases the bending stiffness (i.e., the thinning is the only factor which affect the
stiffness of these beams).

As shown, the results in this section demonstrate that the dimpling technique
significantly influences the beam bending stiffness. In summary, creating a dimple in an
axially constrained beam increases significantly its bending stiffness (the curvature effect
is dominant). On the other hand, creating a dimple in an axially unconstrained beam
decreases its bending stiffness (the thinning is the only factor which affects the bending
stiffness). In all types of beams, creating the dimple at the area of high bending moment
causes the significant change on the bending stiffness. Varying the dimple angle also
changes the bending stiffness. For axially constrained beams, the optimal dimple which
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gives the maximum stiffness is the dimple with a moderate angle (0 « 80° - 110°). On
the other hand, for axially unconstrained beams, increasing the dimple angle always
decreases its bending stiffness.
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Figure 30. The change of the bending stiffness by varying the dimple angle

5.5 Optimization
Having gained insight on the effect of introducing a single dimple on beam natural
frequencies from the previous sections, in this section the focus will be on the
optimization of beam natural frequencies using a series of dimples. As shown in the
parametric study, the beam natural frequencies are non-linear functions of the position
and angle of the dimple. Also, they have multilocal optimal points. As a result, there is a
need for a stochastic search approach, such as the genetic algorithm (GA), to determine
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the optimal design. In this problem, a genetic algorithm (GA) is used to optimize the
natural frequencies. During optimization, ANSYS® is integrated into MATLAB® and
executed via batch-mode to determine the natural frequencies.
In the optimization examples, four general constraints are considered. The first
constraint is that the distances between the dimples have to be large enough to prevent
dimples from overlapping onto each other. The second constraint is that the dimples must
retain a certain minimum distance from the beam ends. The third constraint is that each
dimple angle has to be less than a certain value in order to ensure it meets manufacturing
limitations. Finally, the size of the dimple has to be bounded because, as shown in Fig.
24, the dimple with the largest radius has the maximum influence on the fundamental
frequency. Unless the dimple chord is fixed, the shape of the optimal beam will converge
to an arch.
In this chapter, we are interested in optimizing the natural frequencies of a beam.
To show the efficiency of using dimples, three examples are presented in this section.
The first example shows the case of maximizing the fundamental natural frequency of a
clamped beam. In the second example, the fundamental frequency of a simply supported
beam is minimized, while in the third example the gap between two adjacent natural
frequencies of a clamped beam is maximized.
5.5.1 Maximizing the fundamental frequency of clamped beam
In this example, the goal is to maximize the fundamental frequency of a clamped
beam by using a series of dimples. The maximization is applied for three designs; using
two dimples, three dimples, and four dimples. The GA is used to find the positions (x{)
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and angles (0j) of dimples which give the maximum fundamental frequency. The
population size in each generation is assumed to be 20 for the two-dimple beam, 35 for
the three-dimple beam, and 60 for the four-dimple beam. The stopping criterion is chosen
to be either the maximum number of generations not to exceed 100 generations or
achieving a convergence tolerance of less than 10~ 3 for the objective function.
The beam under consideration is a fixed-fixed beam of 0.3 m length, 0.025 m
width, and 0.001 m thickness. It is made of steel with modulus of elasticity E = 189 GPa
and density of p = 7688 kg/m . The fundamental frequency of this beam without any
dimples is 56.7 Hz.
Assuming the dimples have the same chord (equal to a tenth of the beam length),
that leaves only two design variables for each dimple: the position (x) and the angle (0).
As explained before, the mass of the beam remains constant before and after dimpling,
i.e., the thicknesses of the dimples are less than the thickness of the other parts of the
beam. In general, the optimization problem can be stated as
Maximize

/l5

Subject to

xi+1 > Xi + D + c , /= 1,2,..., n-\

Design variables

xlb < xt < xub,
0w<0i<0ub,

(5.6)

i= 1,2,,...,«

where c is the minimum tolerance between any two dimples or between the dimple and
beam edge; lb and ub are the lower and upper bounds of design variables respectively, i
is dimple number, and n is the total number of dimples. In this example, c — 0.003
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m, xw = 0 m, xub — 0.3 m, 0ib = 0°, and 0ub = 180°. The default of the optimization
program is to minimize the objective function. Thus, the objective function is formulated
as ( - A ) .
The optimal dimpled clamped beam which maximizes the fundamental frequency is
shown in Fig. 31. The optimal design variables are shown in Table 3. By creating only
two dimples, the fundamental frequency of the clamped beam can be increased from 56.9
Hz to 71.1 Hz, which is 25% greater than the fundamental frequency of the beam without
dimples.

(a)

(b)

&

..

.

.

(c)

Figure 31. The optimum design of dimpled fixed-fixed beam which maximize the
fundamental frequency

As shown in Table 3, increasing the number of dimples increases the fundamental
frequency. By creating four optimal dimples the fundamental frequency increases to 77.4
Hz, which is 36.5% greater than the fundamental frequency of the beam without dimples.
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As shown in Fig. 31, the optimal positions of the dimples are near the ends of the
clamped beam. The convergence of the GA of the four-dimple clamped beam is shown in
Fig. 32, which shows the rapid convergence of the optimization. The fundamental
frequency is increased from 56.9 Hz to 73 Hz after 10 generations, and reaches its
optimal value after 81 generations.
Table 3. Dimpled clamped beam optimum design variables
Number
of
dimples

fi
(Hz)

*i

*2

*3

*4

(m)

(m)

(m)

(m)

0i
(deg)

0

56.9

—

—

—

—

—

—

—

—

2

71.1

0.0180

0.2818

—

—

56.9

57.0

—

—

3

74.2

0.0181 0.0510

0.2820

—

67.1

43.5

59.7

—

4

77.4

0.0180

0.2819

57.8

28.7

28.3

57.9

0.0511 0.2478

04
02
03
(deg) (deg) (deg)

90

100

Figure 32. The convergence of the fundamental frequency of the four-dimple clamped beam
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5.5.2 Minimizing the fundamental frequency of a simply supported beam
As shown in the parametric study, creating a single dimple on a simply supported
beam decreases its fundamental frequency, so it is more efficient to minimize the
fundamental frequency of a simply supported beam by dimpling technique. In this
example, the minimization is applied for three designs; using two dimples, three dimples,
and four dimples. The GA is used to find the positions (Xj) and angles (0;) of dimples
which give the minimum fundamental frequency. Similar to the previous example, the
population size in each generation is assumed to be 20 for the two-dimple beam, 35 for
the three-dimple beam, and 60 for the four-dimple beam. The stopping criterion is chosen
to be the maximum number of generations not to exceed 100 generations or achieving a
tolerance of less than 1 0 - 3 for the objective function.
The beam has the same dimensions and material properties as in the previous
example. The optimization problem can be stated as
Minimize

/l3

Subject to

xi+1 > xt + D + c , /= 1, 2,..., n-\

Design variables

xw < xt < xub,
0w<0i<0ub,

(5.7)

i= 1,2,,...,«

where c is the minimum tolerance between any two dimples or between the dimple and
beam edge, lb, and ub are the lower and upper bounds of design variables respectively, i
is dimple number, and n is the total number of dimples. Similar to the previous
example, c = 0.003 m, xlb = 0 m, xub = 0.3 m, 0lb = 0°, and 0ub = 180°. The optimal
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dimpled simply supported beam that minimizes the beam fundamental frequency is
shown in Fig. 33, and the optimal design variables are listed in Table 4. By creating only
two dimples, the fundamental frequency of the simply supported beam can be decreased
from 25.0 Hz to 14.6 Hz, which is 41.6 % less than the fundamental frequency of the
beam without dimples.

iL

(a)

<?*_
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1

.

(b)

(C)

Figure 33. The optimum design of dimpled simply supported beam which minimize the
fundamental frequency

As shown in Table 4, increasing the number of dimples decreases the fundamental
frequency. By creating four optimal dimples the fundamental frequency decreases to 11.9
Hz, which is 52.4% less than the fundamental frequency of the beam without dimples. As
shown in Fig. 33, the optimal positions of the dimples are near the middle of the simply
supported beam and the optimal angles are near the upper bound of the feasible region. It
is worth noting that when the optimal angles are near 180°, the thickness of the beam is
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minimum (i.e., hd « 0.6366 h) This massive decrease in the beam thickness raises a
question about the increase of the stresses (when the beam is subjected to actual operating
conditions) and the capability of the beam to deform plastically without cracking during
dimples manufacturing. Therefore, for more realistic conditions, the upper constraint of
the dimple angle should be selected by taking in consideration the manufacturing
limitations and the static and dynamic loading conditions.

Table 4. Dimpled simply supported beam optimum design variables
Number
of
dimples

fi
(Hz)

(m)

(m)

0

25.0

—

2

14.6

3
4

03

(m)

x4
(m)

0i
(deg)

02
(deg)

(deg)

04
(deg)

—

—

—

~

—

—

—

0.134

0.167

—

—

179.2

179.9

—

—

12.9

0.117

0.15

0.183

—

179.7

179.9

178.9

—

11.9

0.1010

0.1343

0.1674

0.2016

179.9

179.7

179.9

179.0

*2

*3

5.5.3 Maximizing the gap between two adjacent frequencies of a clamped beam
When the beam is subjected to excitation frequencies within a range defined by an
upper and a lower frequency bound, the suitable design of the beam may be obtained by
maximizing the gap between adjacent beam natural frequencies close to the excitation
range. In this example, the distance between the fourth and fifth natural frequencies of a
clamped beam is maximized by creating two and three dimples on it. The beam has the
same dimensions and material properties as in the previous two examples. The fourth and
fifth natural frequencies of this beam before creating the dimple are 506.2 Hz and 754.3
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Hz respectively. So the difference between the frequencies is 248.1 Hz. The optimization
problem can be written as
Maximize

f5 — fA,

Subject to

xi+1 > xt+ D + c ,i=\, 2,..., n-\

Design variables

xlb < xt < xub,
0lb<0i<0ub,

(5.8)

i= 1,2, ,...,«,

where c is the minimum tolerance between any two dimples or between the dimple and
beam edge, lb, and ub are the lower and upper bounds of design variables respectively, i
is dimple number, and n is the total number of dimples. Similar to the previous
examples, c = 0.003 m, xw = 0 m, xub = 0.3 m, 0lb = 0°, and 0ub = 180°. By using
GA, the optimization problem is solved and the optimal design variables which give the
maximum gap between the fourth and fifth natural frequencies are summarized in Table
5. The optimal clamped beam is shown in Fig. 34.

£

(a)

&

(b)
Figure 34. The optimum design of dimpled clamped beam which maximize the gap
between the fourth andfifthnatural frequencies

87

As shown in Table 5, by creating only two dimples, the gap between the fourth and
fifth natural frequencies of the clamped beam can be increased to 473.4 Hz, which is 79.6
% greater than the gap between the frequencies without dimples. By creating three
optimal dimples, the gap between the fourth and fifth natural frequencies increases to
524.8 Hz which is 111.5% greater than the gap between the frequencies without dimples.
Table 5. Dimpled clamped beam optimum design variables (fs-fi)
03

Number
of
dimples

f4
(Hz)

fs
(Hz)

fs-f4
(Hz)

*i

*2

*3

(m)

(m)

(m)

0i
(deg)

02
(deg)

(deg)

0

506.2

754.3

248.1

—

—

—

—

—

—

2

473.4

919.1

445.7

0.0941

0.2058

—

100.4

100.4

~

3

490.9

1015.7

524.8 0.0448

0.1500

0.2551

47.6

46.9

47.6

5.6 Experimental Validation
Shifting and optimizing the natural frequencies of beams using dimples are the
problems of interest. To illustrate the results experimentally, two examples are presented
in this section. The examples demonstrate how the natural frequencies of free-free and
cantilever (fixed-free) beams can be reduced by creating a single dimple at the center of
the beams.
5.6.1 Dimple forming
As mentioned in Chapter 3, dimples can be created by stamping technique. In
particular, the stretching process is used. Dimple forming consists from two steps: the
first step is clamping the beam to the die with a suitable hold-down pressure to ensure
88

that the clamped metal is not drawn during the pressing part. The second step is pressing
the dimple shape on the beam by using a punch.
In our case example, the die was manufactured to be as simple as possible as shown
in Fig. 35. The pressing is applied manually. The problem in using the manual pressing is
that there is no capability to control the applied force and to measure the maximum
height of the dimple before failure. Thus, creating the dimple was repeated different
times to reach the approximate maximum dimple height before material failure. Figure 36
shows the beam and the die before and after creating the dimple.

Figure 35. The die and the punch which were used to manufacture dimpled beams

Figure 36. The die and the beam before and after creating the dimple
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5.6.2 Experimental setup
There are different methods for extracting the natural frequencies of a structure. In
general, the displacement, velocity, and acceleration can be obtained through the
acquisition of the Frequency Response Function (FRF) at a point in the structure.
The FRF represents the complex ratio between output and input as a function of
frequency. Usually, the input is the excitation force or displacement and the output can be
displacement, velocity, or acceleration.
In this study, the input to the structure is an impulse force which is generated using
an impact hummer (PCB Piezotronic/model 086C04), while the output is the acceleration
which is measured using a single axis accelerometer (PCB Piezotronic/model U352B22).
This accelerometer only measures the transverse acceleration of the beam. It is fixed at a
distance 0.3 L from the beam left end with beeswax. This location is suitable to measure
the vibration of the first three mode shapes. The modal hammer is used to excite the
beam at a point located at a distance 0.6 L from the beam left end. The data are collected
by a four-channel (NI 9234) data acquisition card. The measured data are analyzed and
the FRF is produced by using the Smart Office software (by m+p international). The
experimental setup of the free-free dimpled beam is shown in Fig. 37. It is shown that the
free boundary conditions are approximated by suspending the beam from rubber bands at
both ends. In order to ensure transverse vibration only, the beam must carefully be struck
along its centerline.

The free-free beam under consideration has length L = 0.3 m, width b = 0.025 m,
thickness h = 0.00116 m, density p = 7700 kg/m3, and Young's modulus of elasticity
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E = 190 GPa. A dimple is created at the center of the beam. The chord, the height, and
the angle of the dimple are D = 0.03 m, H = 0.102 m, and 0 = 136° respectively.
Similarly, the cantilever beam is made from the same material with length L = 0.22 m,
width b = 0.025 m, thickness h = 0.00116 m. A dimple is created at x = 0.07 m from
the beam fixed end. It has the same size as the dimple in free-free beam.

Figure 37. Experiment setup andfree-freebeam vibration excitation

The Frequency Response Function (FRF) for the free-free beam before and after
dimpling is shown in Fig. 38. It is obvious from Fig. 38 that each curve shows three main
peaks. The peaks correspond to the first three transverse natural frequencies of the beam.
Also, the FRF plot shows small peaks at low frequencies which represent the rigid body
modes of the beams. A comparison between the simulation and the experimental results
for the free-free beam with/ and without a dimple are shown in Table 6.
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As shown in the results, creating a dimple at the center of a free-free beam
decreases its fundamental, second, and third natural frequencies. The changes in the
fundamental and third natural frequencies are higher than the change in the second
natural frequency. This is expected because the dimple was created at the beam center.
The beam center represents the higher modal strain location in the first and third mode
shapes, but it represents the nodal location in the second mode shape (see Fig. 21).

Free-Free Beam
80

CD

a:

20

10

Beam without a dimple
Beam with a dimple
50

100
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250
Frequency (Hz)
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350

400

Figure 38. FRF for thefree-freebeam with and without the dimple

The Frequency Response Function (FRF) for the cantilever beam (fixed-free)
before and after dimpling is shown in Fig. 39. It is obvious from Fig. 39 that each curve
shows three main peaks. The peaks correspond to the first three transverse natural
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frequencies of the beam. As shown in the results, creating a dimple at x « 0.32 L from
the fixed end of the cantilever beam decreases the first three natural frequencies. The
change in the third natural frequency is higher than the change in the first and second
natural frequencies. This is expected because the dimple was created at higher modal
strain location in the third mode shape (see Fig. 22). A comparison between the
simulation and the experimental results for the free-free beam with/ and without a dimple
are shown in Table 7.
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Table 6. Comparison between theory and experimental natural frequencies (free-free beam)
Beam without a dimple

Simulation

Experimental

%Error

A (Hz)

65.8

65.6

0.3 %

A (Hz)

181.4

185.2

2.1 %

A (Hz)

354.9

361.7

1.9%

A (Hz)

55.2

58.5

6.0%

A (Hz)

178.5

182.0

2.0 %

A (Hz)

310.9

329.7

6.0 %

Beam with a dimple

Table 7. Comparison between theory and experimental natural frequencies (cantilever beam)
Beam without a dimple

Simulation

Experimental

%Error

A (Hz)

19.2

19.4

0.8 %

A (Hz)

120.5

121.3

0.6 %

A (Hz)

337.4

340.6

0.9 %

A (Hz)

17.0

17.5

2.9 %

A (Hz)

111.0

111.9

0.8 %

A (Hz)

281.4

290.0

3.1 %

Beam with a dimple

The experimental results show a good agreement with the simulation results. The
deviation between simulation and experimental results is considered due to the uniform
dimple thickness assumption used in the simulation. In actuality because of the
manufacturing process used, the thickness of the dimple is not uniform and it is thicker at
its center. In addition, the dimple is modeled as a part of a cylinder, but the manufactured
dimple is not exactly cylindrical, as shown in Fig. 40.

(a)

Figure 40. Comparison between the simulated and the manufactured dimples: (a) simulated
dimple, and (b) manufactured dimple

5.7 Summary
A method for optimizing the natural frequencies of beam structures using
cylindrical dimples was demonstrated. The natural frequencies were determined
numerically using the finite element method. The parametric and optimization studies
show the efficiency of dimpling technique to reduce the fundamental frequency of simply
supported, free-free, and cantilever beams, while it shows the efficiency of dimpling
technique to increase the fundamental frequency of clamped beams.
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The experimental results show a good agreement with the simulation results. It
should be noted that creating dimples in a beam is subject to manufacturing limitations
which must be taken in consideration during design. The main limitation is the material
capacity to deform plastically without cracking. This effectively places an upper
constraint on the dimple angle (or dimple height). Finally, we can say that creating the
dimples can modify the natural frequencies of the beams, but adding dimples decreases
the elastic stiffness of beams. Thus, the future work will take in consideration other
practical constraints during optimization such as the stresses which are increased as the
elastic stiffness decreases. It would be interesting to modify the geometry of the dimple
to reduce any possible stress concentration.
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CHAPTER 6

OPTIMIZING THE NATURAL FREQUENCIES OF PLATES VIA DIMPLING AND
BEADING TECHNIQUES
Plate-like structures are widely used in engineering applications. These structures
are frequently subjected to dynamic excitations which cause disturbance, discomfort, and
damage. It is, therefore, common to improve the vibration characteristics of such
structures. One method to reduce the vibration of the plate-like structure is to shift its
natural frequencies away from the frequency of the excitation load.
The objective of this chapter is to design dimpled and beaded plates to optimize
their natural frequencies. Dimpling and beading were chosen because creating these
shapes does not change plate mass but does affect plate stiffness. The important criteria
in designing dimpled and beaded plates are the selection of dimple/bead location,
dimple/bead geometry, and bead orientation. The presented design strategy is as follows.
First, finite element modal analysis of the dimpled and beaded plates is performed. In
particular, ANSYS is used in modeling and finite element analysis of dimpled beams.
Second, an optimizer based on the method of Genetic Algorithm (GA) is used to locate
and size the dimples and beads on the plates. This chapter starts with modeling of
dimpled and beaded plates using ANSYS® Parametric Design Language (Section 6.1). In
order to understand the effects of the dimple size and position and the bead size and
orientation on the plate fundamental frequency, a parametric study is presented in Section
6.2. Finally, the GA is used in Section 6.3 in order to determine the optimal sizes and
positions of the dimples and beads with the goal of optimizing the plate natural
frequencies.
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6.1 Finite Element Modeling and Modal Analysis
Dimples and beads are local modifications on the surface of a structure. A dimple
has a spherical shape while a bead has a cylindrical shape. Modeling the modification of
plate surface can be based on direct modification of the finite element grids which results
in a high number of design variables for the optimization problem, i.e., the design
variables may be the out-of-plane coordinate of the finite element nodes. A similar
approach was adopted in surface grooving approach and in topography optimization
approach. Another method to model the surface modification is geometry-based
modeling which is used in this study. In this approach, creating a dimple or a bead in a
structure surface requires limited design variables, i.e., designing a dimpled plate can be
accomplished by defining the position of the dimple center and its diameter and height.
The dimpled and beaded plates are modeled by ANSYS Parametric Design
Language (APDL). In this scripting language the model can be built in terms of
parameters, so the locations and geometries of the dimples or beads can be modified
systematically in order to shift the plate natural frequencies to a pre-assigned value and to
enable the optimization process to take place.
6.1.1 Modeling of dimpled plate
The dimpled plate is modeled as shown in Fig. 41; where x and y represent the
coordinates of the dimple center relative to the plate corner, 0, R, and H represent the
angle, the radius, and the height of the dimple respectively, while D represents the
diameter of the dimple base. The mathematical relations between the dimple dimensions
can be summarized as
98

0 = cos
R=

1

(—

-),

(6.1)

\D2+4H2J'

H 2 +(D/2) 2

(6.2)

2H

D = V8H/? - 4// 2 .

and

(6.3)

A

A
A

1.

(0,0)

CSEL
Section A-A

Figure 41. Square plate with a dimple at the center

The mass of the plate is held constant before and after creating the dimples; so the
plate is thinner at dimple location than the other parts of the plate. Assuming the dimple
has a uniform thickness, the thickness of the dimple can be approximated by

hd

D2 + 4H2

(6.4)

h,
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where h and hd represent the original thickness of the plate and the dimple thickness,
respectively.
6.1.2 Modeling of beaded plate
The beaded plate is modeled as shown in Fig. 42; where x and y represent the
coordinate of the bead center relative to the plate comer, 0, R, L and H represent the
angle, the radius, the length, and the height of the bead respectively, while w represents
the width of the bead base. The mathematical relations between the bead parameters can
be summarized as
0 = cos
and

R=

_!

H2+(w/2)2
2H

fw2-4H2\

(6.5)
(6.6)

'

(0,0)

Figure 42. Rectangular plate with a bead at the center
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Assuming that the mass of the plate is the same before and after creating the beads,
the bead is thinner than the other parts of the plate. Assuming the bead has a uniform
thickness, its thickness can be approximated by

b

* (W2 + 4H2)0

(6.7)

'

where hb represents the thickness of the bead.
The shell element "shell63" with four-node quadrilaterals and six degrees of
freedom per node is used to mesh the solid models. Typical finite element meshes of
dimpled and beaded plates are shown in Fig. 43.

a)

b)
Figure 43. Typical finite element mesh of a) dimpled plate, and b) beaded plate
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The objective of the dimpled or beaded plate design is to find the optimal
dimple/bead geometrical parameters that will maximize the fundamental frequency or a
combination of natural frequencies. The first step in the design is to study the effects of
changing the geometrical parameters of a dimple and a bead on the fundamental
frequency of the plate. This discussion is presented in the following section. In Section
6.3, the GA is applied to find the optimal natural frequencies using multiple dimples or
beads.
6.2 Parametric Analysis
Understanding the behavior of the objective function is important to select the
suitable optimization approach. To gain some knowledge about the fundamental
frequency of beaded/or dimpled plates, it is important to study the effect of changing
some design variables on plate fundamental frequency. These design variables include
the position and size of the dimple and the size and orientation angle of the bead.
6.2.1 Dimpled plate
To design a dimpled plate, four independent geometrical parameters of each
dimple need to be determined: the position parameters (x,y),

and any two design

variables among 0, R, D and H. We considered a square plate of length a = 0.1m,
thickness h = 0.001 m, Young's modulus of elasticity E = 210 GPa, Poisson's ratio v =
0.3, and density p = 7800kg/m . Plates with simply supported boundary conditions will
be taken in consideration during this study.
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To study the sensitivity of the plate fundamental frequency to dimple position, the
dimple base diameter and height are held constant such as D = 0.18 a and H = 0.1 D,
while the position of the dimple is changed. The results are shown in Fig. 44.
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Figure 44. Percentage change of the fundamental frequency by varying the dimple location for
simply supported plate

As shown above, the natural frequency is very sensitive to the dimple location.
Significant increase in fundamental frequency occurs when the dimple is placed near the
center or the comers for the simply supported plate as evident by the rapid color change
in the plot of Fig. 44. Creating the dimple near the plate center increases the local
bending stiffness at the region of high modal strain which explains the increase of the
fundamental frequency. Also, creating the dimple near the comers of simply supported
plate has an obvious effect on the plate fundamental frequency. The influence of the
dimple, when it is created near the corners, is due to the significant change in the first
mode shape, i.e., creating the dimple near the comers reduces the dimensions of the half
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wave, and the reduction in the wave dimensions increases its natural frequency. To study
the effect of dimple base diameter and height on the plate fundamental frequency, a
single dimple is created at the center of a simply supported plate and the dimple base
diameter and height are changed. The dimple base diameter varies from 0 - 0.5a, while
the dimple height varies from 0 - 0.5D. Figure 45 shows that the fundamental frequency
of the plate can be increased by creating the dimple at the plate center.

Figure 45. Normalized fundamentalfrequencyof a single-dimple plate by varying dimple
diameter and height for simply supported plate

As shown in Fig. 45, the plate fundamental frequency is highly sensitive to the
change of the dimple base diameter. Moreover, as the dimple height, H, increases (or the
dimple angle, 0, increases) the fundamental frequency increases to an optimal value. For
our plate the optimal fundamental frequency is flDp = 1.37 * A, Fp at D = 0.5 a and
H = 0.16 D (at 0 = 35.5°) where the subscripts DP and FP refer to dimpled plate and
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flat plate, respectively. Any additional increase in the dimple height (or angle) above this
optimal value causes a decrease in the fundamental frequency. This can be due to the
thinning effect of the dimpled area, i.e., increasing the dimple height decreases the
dimple thickness. At some point the reduction of dimple thickness has a dominant effect
in reducing the stiffness.
Creating the dimples not only changes the plate natural frequencies but also
changes the plate mode shapes and shifts the nodal lines. Figure 46 shows a comparison
between the first four mode shapes of a simply supported plate before and after dimpling
(where the dimple is located near a corner). In this case, the dimple base diameter and
height are defined by D = 0.4 a and H = 0.16 D, respectively. It is obvious that the
presence of the dimple causes changes in plate mode shapes. It is expected that such
changes in plate mode shapes will result in a change in vibration response of the plate
when subjected to an excitation force. This change in vibration response is expected to
yield a change in the sound radiated by such vibrating plates. It is noted that the nodal
line of the plate before dimpling is skewed. However, this is true only for simply
supported square plates, whereas for simply supported rectangular plates, the nodal lines
are straight and parallel to the edges [16].
6.2.2 Beaded plate
To design the beaded plate, five independent geometrical parameters, for each bead,
need to be determined; the position parameters (x,y), the length L, and any two design
variables among 0, R, w and H. A square plate with the same dimensions and material
properties as that discussed in the previous section is considered here.
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Dimpled plate (D=0.04a and H/D=0.16)

fi= 665.3 Hz (34.9% increase)

f2=1449.1 Hz (14.9% increase)

f3=1476.9 Hz (19.8% increase)

f4=2258.5.7 Hz (14.5% increase)
Figure 46. First four mode shapes of flat and dimpled plate (single dimple at the corner)
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To study the effect of bead length, width, and height on plate fundamental
frequency, a single bead is created at the center of the plate with zero angle and the bead
height and width are changed. The bead width varies within the 0 - 0.2a range, while the
bead height varies within the 0 - 0.4w range. This study is repeated three times with
different bead lengths of L = 0.5a, 0.7a, and 0.9a. Figure 47 shows that the fundamental
frequency of the plate can be increased by creating the bead at the plate center.
The plate fundamental frequency increases as the bead length, width, and height
increase. For plates with different bead lengths, the maximum increase in the
fundamental frequency occurs when the bead width and height are maximum, i.e.,
w = 0.2 a and H = 0.4 w. Moreover, the fundamental frequency is very sensitive to the
bead length. When L = 0.5 a, the maximum fundamental frequency is f1BP « 1.34

fliFp,

whenL = 0.7 a, the maximum fundamental frequency i s / 1 B P « 2 . 0 / 1 F P . While the
maximum increase in the fundamental frequency occurs when L = 0.9 a, and the
maximum fundamental frequency is f1BP « 3.5 fxjpThe orientation angle, 9, of the bead may affect the plate fundamental frequency.
To study the effect of bead orientation on plate fundamental frequency, a single bead is
created on the centers of rectangular plates with different aspect ratios ( 6 / a ) . The
thickness of the plate is held at h = 0.001 m, and the shortest side of the rectangular
plate is held at a = 0.1 m. The bead orientation angle varies from 0 to 180°, while the
bead length, width, and height are held constant; L = 0.9 a, w = 0.1 a, and H = 0.2 w.
Figure 48 shows that the maximum effect of a bead created at the center of rectangular
plate occurs when it is oriented along the shortest side (0 = 90°).
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Single Bead (L/a = 0 5)

- 1 25

w/a

(a)

Single Bead (L/a = 0 7)

w/a

(b)

Single Bead (L/a = 0 9)

w/a

(c)

Figure 47. Normalized fundamental frequency of a single-bead plate by varying bead width and
height; (a) bead length, L = 0.5 a, (b) bead length, L = 0.7 a, and (b) bead length, L = 0.9 a
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9(°)

°

1

b/a

Figure 48. Normalized fundamental frequency of a single-bead plate with different aspect ratios
and variable orientations

The mode shapes of the plates are also altered by creating a bead. A comparison
between mode shapes of a simply supported plate with a bead and without a bead is
shown in Fig. 49. It is obvious that the shape and location of the bead has a direct effect
on the changes in mode shapes. When the bead is placed along a nodal line, its influence
is very little as shown in the mode shapes corresponding to the second and fourth natural
frequencies. However, a bead that crosses anti-node locations greatly influences the
natural frequency and the mode shape. These changes in beam mode shapes are expected
to change the plate vibration response due to any force excitation as well as radiation of
sound emitted from such vibrating plate.
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Beaded plate (L=0.7a, w=0.1a and H =0.4w)

fi= 773.0 Hz (56.7% increase)

f2=1297.3 Hz (5.2% increase)

f3=1742.0 Hz (41.3% increase)

£,=2247.4 Hz (13.9% increase)
Figure 49. First four mode shapes of flat and beaded plate (single bead at the center)
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6.3 Optimization
In the parametric study, an insight is gained on the effect of creating a single dimple
or a single bead on a plate fundamental frequency. The goal of this section is to optimize
plate natural frequencies by using a series of dimples or beads. As shown in the
parametric study, the plate fundamental frequency is a non-linear function of the position,
the base diameter, and the height of the dimple, as well as the length, the width, the
height, and the orientation angle of the bead. As a result of the nonlinearity and the
complexity of the optimization problem, there is a need for a stochastic search approach,
such as the genetic algorithm (GA), to get the optimal design. In our problem, similar to
the optimization of dimpled beam, a genetic algorithm (GA) in MATLAB® is used to
optimize the natural frequencies. During optimization, ANSYS® is integrated into
MATLAB® and executed via batch-mode to determine the plate natural frequencies.
In the optimization examples that follow, three general constraints are considered;
the distances between the dimples have to be large enough to prevent dimples from
overlapping onto each other, the dimples and beads must have a certain distance from the
plate edges, and the ratio between each dimple height and its diameter, and each bead
height and its width is less than certain value in order to ensure it meets manufacturing
limitations. In order to model dimples and beads as realistically as possible, some
manufacturing limitations have to be taken in consideration. The main limitation is the
plate material capacity to deform plastically without cracking. To override this limitation,
the ratios H/D for the dimple and H/w for the bead will be less than a specific value.
For the purpose of optimization H/D and H/w are bounded to be less than or equal to
0.4.
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To demonstrate the efficiency of dimpling and beading techniques to shift the
natural frequencies of simply supported plates, four examples are presented in this
section. In the first two examples, the fundamental frequency and the gap between two
adjacent natural frequencies of a plate are maximized by creating dimples on the plate
surface. In the last two examples, beads are created on the surface of a plate to maximize
its fundamental frequency and the gap between two adjacent natural frequencies.
6.3.1 Maximizing the fundamental frequency of a simply supported plate by dimpling
In this example, we seek the design of a dimpled simply supported plate that yields
a maximum fundamental frequency. The maximization is applied for two designs; using a
single dimple, and four dimples. The GA is used to find the positions {xi.yi), base
diameters(Di), and height to base diameter ratios (Hi/Di) of dimples which give the
maximum fundamental frequency. The population size in each generation is assumed to
be 30 for the single-dimple plate, and 100 for the four-dimple plate. The stopping
criterion is chosen to be either the maximum number of generations not to exceed 150
generation or achieving a tolerance of less than 1 0 - 4 .
To create more than one dimple in a plate surface, some constraints have to be
added to prevent dimples from overlapping onto each other. The number of these
additional constraints can be given by,

where n is the number of dimples. In general, the optimization problem can be stated as
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Maximize

/ 1?

Subject to

^ + c < xt < b - ( y + c\
^+c<yt<a{Di+D,
±

{- ^
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+{yt-yj)

(6.9)
^2

.

>* *J

xw < xt < xub,
ylb <yt<

yub,

Dlb < Di < Dub,

©.^,<1

«=" »

where a is the plate length, b is the plate width, c is the minimum tolerance between any
two dimples or between the dimple and plate edge, lb and ub are the lower and upper
bounds of design variables respectively, i is dimple number, and n is the total number of
dimples. In this example, c — 0.003 m, xlb = 0 m, xub = 0.4 m, yib = 0 m, yub = 0.25
m, Dlb = 0.005 m, Dub = 0.05 m, (-)

= 0.05, and (-)

= 0.4. The default of the

optimization program is to minimize the objective function. Thus, the objective function
herein is formulated as (—ft).
The plate under consideration is a simply supported rectangular plate (0.4 m x 0.25
m) with 0.001 m thickness. It is made of steel with modulus of elasticity E = 210 GPa
and density of p = 7800 kg/m . The fundamental frequency of this plate without any
dimples is 54.9 Hz. The optimal dimpled plate which maximizes the fundamental
frequency is shown in Fig. 50. Tables 8 and 9 illustrate the optimum design variables for
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a single-dimple and a four-dimple plate respectively. By creating a small single dimple
only, the fundamental frequency of the simply supported plate can be increased from 54.9
Hz to 58.3 Hz, which is 6.24% greater than the fundamental frequency of the plate
without dimples. It is worth stating that this increase in the fundamental frequency
resulted from deforming a small area in the plate (the deformed area equals 1.96% of the
plate area).
Increasing the number of dimples increases the fundamental frequency. By
creating four optimal dimples the fundamental frequency increases to 68.81 Hz, which is
25.4% greater than the fundamental frequency of the plate without dimples. As shown in
Fig. 50, the optimal positions of the dimples are near the corners of the rectangular
simply supported plate. Creating the dimples near the comer plays a significant role in
changing the plate first mode shape as shown in Fig. 51, i.e., the reduction of the size of
the structural half wave length (or decreasing the effective size of the plate) results in an
increase on the fundamental frequency. In order to verify this hypothesis, we have
analyzed a flat plate with the approximate structural wave size as the optimal dimpled
plate (shown in Fig. 52). To accomplish this, we have cut away (and applied boundary
conditions to) the corners of the rectangular plate. Results show that this plate exhibits a
fundamental natural frequency very close to that of the dimpled plate.
Figure 53 shows the rapid convergence of the optimization. The fundamental
frequency is increased from 54.9 Hz to 67 Hz after 11 generations, and reaches its
optimal value after 82 generations. Finally, it is noted that the optimal base diameters of
the dimples converge to their upper bound (Dopt « Dub = 0.05m). Also, the height to
diameter ratios for the dimples converge within specific range ((///D) o p t « 0.19~0.20).
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(a)

(b)

Figure 50. The optimum design of dimpled simply supported plate which maximize the
fundamental frequency: (a) with a single dimple and (b) with four dimples

Figure 51. The change of the first mode shape by creating optimal dimples

Figure 52. Flat plates which have approximately the same structural wave size as the optimal
dimpled plates (which maximize the fundamental frequency)

Table 8. Optimum single-dimple simply supported plate which maximizes the fundamental
frequency (a = 0.25 m,b = 1.6 a, and h = 0.004a)
Numerical results
x(m)
0.0280

y(m)
0.0280

D(m)
0.0500

Non-dimensional results
H(m)
0.00948
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x/b
0.0700

y/a
0.1120

D/a
H/D
0.2000 0.1896

Table 9. Optimum four-dimple simply supported plate which maximizes the fundamental
frequency (a = 0.25 m,b = 1.6 a, and h = 0.004a)

Dimple 1
Dimple 2
Dimple 3
Dimple 4

x(m)
0.0330
0.3720
0.3720
0.0343

Numerical results
D(m)
y(m)
0.0282 0.0500
0.0307 0.0498
0.2220 0.0499
0.2220 0.0500

Non-dimensional results
H(m)
0.00946
0.00980
0.00928
0.00953

x/b
0.0825
0.9300
0.9300
0.0858

y/a
0.1128
0.1228
0.8880
0.8880

D/a
0.2000
0.1992
0.1996
0.2000

H/D
0.1891
0.1967
0.1859
0.1905

Figure 53. The convergence of the fundamental frequency for the four-dimple simply supported
plate

To study the optimal positions of dimples in addition to plate corners, nine dimples
with the same size are created in the plate. From Eq. (6.8), 36 nonlinear constraints are
needed to avoid overlapping between these nine dimples. One method to avoid using all
these constraints and to reduce computational time is to divide the plate into nine equal
parts and create a dimple in each part.
In our example case, the rectangular plate is divided into nine parallel strips. A
dimple is created in each strip. The dimples have the same size, i.e., Dt — 0.025 m
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and (-J = 0.2. The design variables are the x-coordinates for the dimples. For example,
one feasible design of a nine dimple plate is shown in Fig. 54(a). After optimization, the
optimal design is illustrated in Fig. 54(b), and the fundamental frequency increased to
61.9 Hz. As shown, the positions with highest sensitivity to creating dimples on the plate
fundamental frequency are near the corners and the center of the plate. Also, the dimples
are approximately collinear, which provides a hint to use a bead instead of using many
dimples.

Figure 54. (a) Sample of feasible design of nine-dimple plate and (b) The optimum design of
dimpled simply supported plate which maximize the fundamental frequency
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6.3.2 Maximizing the gap between two adjacent frequencies by dimpling
In addition to shifting plate fundamental frequency, its vibration response can be
reduced by achieving a certain spacing between two adjacent natural frequencies, i.e.,
when the excitation frequency lies between two natural frequencies, the suitable design is
to maximize the distance between the excitation frequency and the nearest higher and the
nearest lower frequency.
In this example, the distance between the first and second natural frequencies of a
simply supported plate is maximized by creating one and four dimples on it. The plate
has the same dimensions and material properties as in the previous example. The first and
second natural frequencies of this plate before creating the dimple are 54.9 Hz and 101.1
Hz respectively. The difference between the frequencies is 46.2 Hz. The optimization
problem is the same as the problem which illustrated in Eq. (6.9) but with maximizing
if 2 ~ ft) instead of maximizing fx. By using GA, the optimization problem is solved and
the optimal design variables which give the maximum gap between the first and second
natural frequencies are summarized in Tables 10 and 11. The optimal simply supported
plates are shown in Fig. 55. By creating only a small single dimple, the gap between the
first and second natural frequencies of the plate can be increased from 46.2 Hz to 53.2
Hz, which is 15.2% greater than the gap between these frequencies without dimples. By
creating four optimal dimples, the gap between the first and second natural frequencies
increases to 77.1 Hz. This is 66.88% greater than the gap between these frequencies
without dimples. In fact, creating these optimal dimples has a significant effect on the
second mode shape and negligible effect on the first mode which causes a significant
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increase in the second natural frequency and a negligible increase in the first natural
frequency as shown in Fig. 56.

(a)

(b)

Figure 55. The optimum design of dimpled simply supported plate which maximize the gap
between the first and second natural frequencies: (a) with a single dimple and (b)
with four dimples

Figure 56. The change of the first and second mode shapes by creating optimal dimples

Table 10. Optimum single-dimple simply supported plate which maximizes the gap between the
first and second natural frequencies (a = 0.25 m,b = 1.6 a, and h — 0.004a)
Numerical results
x(m)
y(m)
0.2007 0.2220

D(m)
0.0500

Non-dimensional results
H(m)
0.00966

x/b
0.5018
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y/a
0.8880

D/a
0.2000

H/D
0.1932

Table 11. Optimum four-dimple simply supported plate which maximizes the gap between the
first and second naturalfrequencies(a = 0.25 m, b = 1.6 a, and h = 0.004a)
Numerical results
Dimple 1
Dimple 2
Dimple 3
Dimple 4

x (m)
0.1720
0.2253
0.2292
0.1763

y(m)
0.0286
0.0283
0.2220
0.2211

D(m)
0.0499
0.0499
0.0500
0.0498

Non-dimensional results
H(m)
0.01149
0.01133
0.01132
0.01106

x/b
0.4300
0.5633
0.5730
0.4408

y/a
0.1144
0.1132
0.8880
0.8844

D/a
0.1996
0.1996
0.2000
0.1992

H/D
0.2302
0.2271
0.2263
0.2220

6.3.3 Maximizing the fundamental frequency by beading
As shown in the parametric study, creating a bead on a simply supported plate
increases its fundamental frequency. In this example, we want to maximize the
fundamental frequency of a rectangular simply supported plate by beading technique. The
maximization is applied for two designs; using a single bead, and using four beads. Each
bead has six design variables: bead position (x, y), width (w), length (L), height to width
ratio (—), and orientation angle (0). The GA is used to find the optimal design variables.
The population size in each generation is assumed to be 50 for the single-bead plate, 100
for the four-bead plate, and the stopping criterion is chosen to be either the maximum
number of generations not to exceed 150 generations or achieving a tolerance of less
than 1 0 - 4 .
To ensure that the bead will be created within the plate boundaries, the modification
area of the bead can be described by a rectangle defined by its four corners. These four
corners are constrained such that their x- and y- coordinates lie within the plate surface
during optimization. Figure 57 shows a schematic plot of bead and its modification area.
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Figure 57. Schematic of bead modification area

The optimization is carried out for a rectangular plate which has the same
dimensions and material properties as in the previous examples. For designing a plate
with one bead only, the optimization problem can be stated as
Maximize

fi,

Subject to

c < Xj < b — c,

c < jj <a— c, j =

Design variables

Xfo < x < xUb,
yw<y<

yub,

wlb < w < wub,
Lib < L < Lub,
dw < 8 < 8ub,

(«) <(!)<(!L)

121

,

A,B,C,andD

(6.10)

where a is the plate width, b is the plate length, c is the minimum tolerance between the
bead modification area and plate edges, A, B, C, and D are the comers of bead
modification area, Xj, and y^are the x- andy- coordinates of the comers of bead
modification area (functions of bead center position,
orientation angle),

height, width, length, and

lb and ub are the lower and upper bounds of design variables

respectively. In this example, a = 0.25 m, b = 0.40 m, c = 0.003 m, Wlb = 0.005 m,
Wub = 0.02 m, Llb = 0.02 m, Lub = 0.25 m, 6lb = 0°, Bub - 180°, ( £ )
\wj

= 0.05, and
ib

\wJub
The optimal design of a single-bead plate which maximizes the fundamental
frequency is shown in Fig. 58. The optimal design variables are listed in Table 12. By
creating the optimal bead, the fundamental frequency of the plate can be increased from
54.9 Hz to 120.4 Hz, which is 119.3% greater than the fundamental frequency of the
plate without a bead. As shown in Fig. 58, the maximum increase in the fundamental
frequency occurs when the bead is at the center of the plate and parallel to the shortest
edges. Creating the bead at the center of the plate increases its bending stiffness at the
area of the higher modal strain at the fundamental frequency. The change in the
fundamental frequency by creating the optimal bead is shown in Fig. 61, which shows
that creating this optimal bead divides the plates to two smaller parts. Creating the bead
parallel to the shortest length cannot be generalized as a bead optimal orientation for all
rectangular plates with different aspect ratios because the natural frequency does not
depend only on the bead orientation angle but depends also on the bead length, width,
and height. Also, the results may vary according to the plate aspect ratio. In this example,
the maximum permissible length of the bead is 0.25 m which is the same as the plate
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shortest length (a). Thus, the optimal orientation of the bead may not be parallel to the
shortest length if the bead permissible length is greater than 0.25 m.

Figure 58. The optimum design of a single bead simply supported plate which maximize the
fundamental frequency

Table 12. Optimum single-bead simply supported plate which maximizes the fundamental
frequency (a = 0.25 m,b = 1.6 a, and h = 0.004a)

x(m)
0.2011

y(m)
0.1250

Numerical results
w(m)
L(m)
0.0199
0.2360

en

H(m)
0.00796

90.01

H/w
0.4000

90.01

Non-dimensional results
x/b
0.5028

y/a
0.5000

w/a
0.0796

L/a
0.9440

en

The second part in this example is to maximize plate fundamental frequency by
using four beads. In this case, we have 24 design variables, i.e., six variables for each
bead. To prevent overlapping between the beads and to reduce computation time, the
plate is divided into four design areas. Each of these areas represents the feasible region
for the position of one bead. Also, the center positions of the beads are fixed at the
.

«• .i

i

•

•

b

a

3 b

a

3 b

3 a

centers of the design areas, i.e., x± = -, y1 = - , x2 = — , y2 = - , x3 = —, y 3 = —
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,x4 = - , and y 4 = —. Thus, the design variables are reduced to 16. For example, a
4

4

feasible design of four bead plate is shown in Fig. 59.

Figure 59. A sample of feasible design of four bead plate

The GA is used to find the width (wi), length (Li), height to width ratio (—) , and
orientation angle (fy) of the beads which give the maximum fundamental frequency. The
optimal design of the four-bead plate which maximizes the fundamental frequency is
shown in Fig. 60. The optimal design variables are shown in Table 13. By creating four
optimal beads, the fundamental frequency increases to 143.0 Hz, which is 160.5% greater
than the fundamental frequency of the plate without beads. Creating the beads in this way
plays a significant role in changing the plate first mode shape as shown in Fig. 61, i.e.,
the reduction of the size of the permissible structural half wave length results in an
increase in the fundamental frequency. Similar to the case of the dimpled plates, we
hypothesize that a flat plate whose corners have been eliminated (and boundary
conditions applied to) will exhibit the same increase in fundamental natural frequency as
that of the optimized beaded plate shown. Results for flat plates with approximately the
same structural wave size as the optimal beaded plates are shown in Fig. 62. Notice that
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the beaded plate exhibits higher fundamental frequency than the cut-away plate. This
difference is due to the fact that the bead increases the plate stiffness in addition to
reducing the size of its structural wave. The convergence of the GA of the four-bead plate
is shown in Fig. 63. The fundamental frequency reaches its maximum value after 111
generations.

Figure 60. The optimum design of four bead simply supported plate which maximize the
fundamental frequency

Figure 61. The change of the first mode shape by creating optimal beads

Figure 62. Flat plates with approximately the same structural wave size as the optimal beaded
plates (which maximize the fundamental frequency)
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Table 13. Optimum four-bead simply supported plate which maximizes the fundamental
frequency (a = 0.25 m,b = 1.6 a, and h = 0.004a)
Numerical results
Beadl
Bead 2
Bead 3
Bead 4

x(m)
0.1000
0.3000
0.3000
0.1000

L(m)
0.2023
0.2014
0.2011
0.2020

y(m)
0.0625
0.0625
0.1875
0.1875

w(m)
0.0199
0.0200
0.0200
0.0197

en

H(m)
0.00796
0.00797
0.00780
0.00788

151.20
29.03
152.16
28.91

H/w
0.4000
0.3985
0.3899
0.4000

151.20
29.03
152.16
28.91

Non-dimensional results
Beadl
Bead 2
Bead 3
Bead 4

x/b
0.2500
0.7500
0.7500
0.2500

L/a
0.8092
0.8056
0.8044
0.8080

y/a
0.2500
0.2500
0.7500
0.7500

40

60

w/a
0.0796
0.0800
0.0800
0.0788

en

80

Generation

Figure 63. The convergence of the fundamentalfrequencyfor the four-bead simply supported
plate

6.3.4 Maximizing the gap between two adjacent frequencies by beading
In this example, the distance between the first and second natural frequencies of a
simply supported plate is maximized by first creating one bead, then by creating four
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beads on it. The plate has the same dimensions and material properties as in previous
examples. The first and second natural frequencies of this plate before creating the bead
are 54.9 Hz and 101.1 Hz respectively. So the difference between the frequencies is 46.2
Hz. The optimization problem is the same as the problem which was illustrated in Eq.
(6.10) but with maximizing f2 — f\ instead of maximizing / j .
By using GA, the optimization problem is solved and the optimal design variables
which give the maximum gap between the first and second natural frequencies are
summarized in Tables 14 and 15. By creating a single bead, the gap between the first and
second natural frequencies of the plate can be increased to 131.3 Hz, which is 184.2%
greater than the gap between the frequencies without a bead. As shown in Table 15, by
creating four optimal beads, the gap between the first and second natural frequencies
increases to 219.0 Hz which is 374.0% greater than the gap between the frequencies
without the beads. The optimal simply supported plates are shown in Figures 64 and 65.
For a single-bead design, the bead lies at the higher modal strain area of the second mode
shape. It does not lie at high modal strain area in the first mode shape as shown in Fig.
66. This design increases significantly the second plate natural frequency and slightly
increases the plate first natural frequency. In the four-bead design, the beads significantly
decrease the sizes of the permissible structural half wave lengths of the second mode
shape, but slightly change the shape of the structural half wave length of the first mode
shape. Again, this design increases significantly the second natural frequency and slightly
increases the first natural frequency.
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Figure 64. The optimum design of a single-bead simply supported plate which maximize the gap
between the first and second natural frequencies

Figure 65. The optimum design of a four-bead simply supported plate which maximize the gap
between the first and second natural frequencies

Figure 66. The change of the first and second mode shapes by creating optimal beads
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Table 14. Optimum single-bead simply supported plate which maximizes the gap between the
first and second naturalfrequencies(a = 0.25 m,b = 1.6 a, and h = 0.004a)
Numerical results
x(m)
0.2685

y(m)
0.1251

L(m)
0.2490

w(m)
0.0200

H(m)
0.00798

en

H/w
0.3991

en

0.00

Non-dimensional results
x/b
0.6713

y/a
0.5004

L/a
0.9960

w/a
0.0800

0.00

Table 15. Optimum four-bead simply supported plate which maximizes the gap between the first
and second naturalfrequencies(a = 0.25 m, b = 1.6 a, and h = 0.004a)
Numerical results
Beadl
Bead 2
Bead 3
Bead 4

x(m)
0.1000
0.3000
0.3000
0.1000

y(m)
0.0625
0.0625
0.1875
0.1875

L(m)
0.1962
0.1960
0.1967
0.1960

w(m)
0.0193
0.0200
0.0198
0.0190

en

H(m)
0.00772
0.00779
0.00777
0.00760

24.60
155.63
25.05
155.51

H/w
0.4000
0.3894
0.3925
0.4000

24.60
155.63
25.05
155.51

Non-dimensional results
Beadl
Bead 2
Bead 3
Bead 4

x/b
0.2500
0.7500
0.7500
0.2500

y/a
0.2500
0.2500
0.7500
0.7500

L/a
0.7848
0.7840
0.7868
0.7840

w/a
0.0772
0.0800
0.0792
0.0760

en

6.4 Summary
A method for optimizing the natural frequencies of plate-like structures using
dimples and beads was demonstrated. The natural frequencies were determined
numerically using the finite element method. The parametric study shows the efficiency
of dimpling and beading techniques to increase the fundamental frequency of simply
supported plates.
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The finite element method was coupled with GA to determine the best designs of
dimpled and beaded plates. Two cases of optimization problems were dealt with: the first
case was the maximization of a plate fundamental frequency, and the second case was
maximizing the gap between plate fundamental and second natural frequency.
Creating dimples or beads on the plate is subjected to manufacturing limitations
which must be taken in consideration during design. The main limitation is the material
capacity to deform plastically without cracking. This effectively places upper constraints
on the dimple and bead heights.
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CHAPTER 7
SOUND RADIATION MINIMIZATION
The objective of this chapter is to show that sound radiation can be reduced by
forming dimples or beads on the surface of vibrating plate structures. The study will be
based on the concept of altering plate local stiffness and redistributing the volume
velocity to achieve the maximum volume velocity cancelation. In other words, the
reduction of the overall volume velocity results in a reduction of the sound power
especially at low frequencies [99, 114, 152, and 153]. Physically, volume velocity
cancelation means sound pressure cancelation at the surface of the plate, and this causes
little sound energy to be radiated.
The methodology used here consists of three main steps: a) harmonic analysis of the
vibrating structure using the finite element method, b) calculating the volume velocity of
each element, and c) calculating the sound power using the Rayleigh Integral
Formulation assuming low frequency approximation.
This chapter starts with introduction to structural vibration in Section 7.1. Sections
7.2 and 7.3 describe the sound radiation from vibrating plates and some structural
acoustic formulations, respectively. The calculation of the sound power based on low
frequency assumption is explained in Section 7.4. This will be followed by volume
velocity calculation in Section 7.5. The validation of the low frequency formula is shown
in Section 7.6. Section 7.7 presents dimpling technique to reduce the radiated sound from
vibrating beams. Finally, reducing the radiated sound from vibrating plates by using
dimpling and beading techniques is presented in Sections 7.8 and 7.9.
131

7.1 Structural Vibration
The finite element method is an efficient tool to analyze the vibratory motion of the
structure. For the dynamic analysis, the finite element method provides the following
linear system of equations
[M]{x] + [C){x} + [K]{x] = {f}ejcot,

(7.1)

where [M], [C], and [K] represent the mass, damping, and stiffness matrices of the finite
element model respectively, {x} and {/} represent the nodal displacement vector and
nodal excitation vector, co represents the excitation frequency, and j = V—1. Using the
time harmonic assumption (eJwt), the dynamic equations can also be described as
[A]{x] = {/},

(7.2)

where [4] is the global dynamic stiffness matrix given by
[A] = -o)2 [M] + ja> [C] + [K].

(7.3)

Thus, the nodal displacement vector can be written as

{*} = M-Hf}.

(7.4)

However, the inversion of [A] is computationally costly. Hence, a good alternative to
calculate the structural response is the expansion of structural response in terms of
eigenvectors [98]. The structure response as a function of eigenvectors is given by [154]

w-zr-! y „

(7.5)
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where {0j} is the mass normalized eigenvector corresponding to the / mode, and rji is
the damping loss factor corresponding to the Ith mode.
7.2 Sound Radiation from Vibrating Plate
The sound radiation results from the coupling between the vibrating surface and the
surrounding fluid medium. The radiation mechanism can be summarized as: the normal
component of surface vibration compresses adjacent fluid causing waves to radiate
energy away from the surface.
Some assumptions must be taken in consideration during the study of sound
radiation from vibrating structures. The structure and the fluid are assumed to obey linear
constitutive equations. The constitutive equations are the equations which relate the stress
to the strain for the structure and relate the fluid pressure deviation from the hydrostatic
pressure to the fluid density change. The materials of the structure and fluid are assumed
to be homogeneous. The fluid medium is assumed to be initially at rest, and the harmonic
analysis initiated sufficiently long ago to ensure that the transient structural response has
vanished (the response has reached steady state). The fluid medium is assumed to be
inviscid. Hence, the tangential component of the vibrating surface velocity is ignored
[155]. In this research, it is assumed that the acoustic medium (fluid) has a low density,
such as air, to neglect the interaction between the fluid and the structure, i.e., the fluid is
assumed not to exert any load on the structure.
The radiated sound pressure of plates and shallow shells can be computed by using
the Rayleigh Integral Formulation [127]. With reference to Fig. 67, the sound pressure at
any point can be calculated by [156]
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p(f) =

^ ^^lfilds,

(7.6)

where k is the acoustic wave number (k = co/c), c is the speed of sound in ambient fluid,
co is the circular frequency of the excitation force, p is the density of the surrounding
fluid, f is the position vector of the observation point, fs is the position vector of the
elemental surface 8S, vn (fs) is the normal velocity of 8S, and R = \r — rs\.
The sound pressure can be evaluated numerically using Eq. (7.6). For some special
cases, this equation can be evaluated analytically. For example, the far field sound
pressure radiated from a baffled rectangular piston (all points in the vibrating surface
have the same velocity) can be evaluated by using the far-field formula [155]

p(r,6,0)

= ^abk^eJkr

Jo

(B. S in(0)co5(0)) / 0 ( ^ sin(0)sin(0)),

(7.7)

where r, 6,0 are the spherical coordinate of the observation point in the hemisphere
surface (see Fig. 67); r is the length of vector f, 6 is the angle between the vector r and zcoordinate, and 0 is the angle between the projection of vector f on the plane xy and xcoordinate, a and b is the width and length of the plate, and JQ is the Bessel function of
the first kind and zero order.
The acoustic intensity at any point f is given by [155]

7(f) = ^ M p ( r K ( r ) } ,
where Re{

(7.8)

} is the real part of the number inside the bracket, and v„ represents the

conjugate complex of vn . The radiated sound power can be calculated by integrating the
intensity over a surface surrounding the radiating plate or the surface of plate as
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W = 2 ±LRe{pv*}dS.
S

(7.9)

J

llbrcaing plate

Figure 67. Coordinate system of rectangular radiator

7.3 Structural Acoustic Formulations
In order to achieve a vibrating structure that is quiet through optimization
techniques, there are different approaches for formulating an objective function which
serves as a good measure of the radiated sound from a vibrating structure. The selection
of a suitable objective function involves making compromises between accuracy and
computational efficiency. Some possible objective functions are listed below and briefly
discussed.
1. Sound pressure level at a specific point: This objective function is mainly used for
closed domains, such as a vehicle cabin. But it highly depends on the location of the
point of measurement. A typical example is shown by Marburg [157] where the
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frequency-averaged sound pressure level is minimized at a point interior to a vehicle
cabin by the shape modification of the vehicle floor panel.
2. Sound power: This objective function is mainly used for open domains. The sound
power has been used in different ways, for example, Lamancusa [103] used the sound
power averaged over frequency range. For the case of weakly damped structures,
some authors represent the objective function as the sum of sound power values at the
structural natural frequencies or the average sound power at the structure natural
frequencies [104]. Selecting sound power as an objective function gives accurate
results but it is computationally expensive. In the present work, the sound power is
used as an objective function because it provides the most direct measure of acoustic
performance [103]. One approximate method to calculate the sound power is
summarized in the next section.
3. Matching a pre-determined "weak radiator" mode: The weak radiator mode is the
mode shape which radiates minimum sound. In this case, the weak radiator mode
shape may be found first. Then, the objective function is set as the difference between
the actual mode shape and the target mode shape (weak radiator mode). Obviously
this method is independent of the loading conditions and it is developed for a single
mode shape. A typical example is provided by Naghshineh and Koopmann [100].
They enforce the structure to vibrate as a weak radiator at a specific frequency. In this
approach, they found the optimal surface velocity distributions which produce the
minimum radiation condition, and then they enforced the structure to vibrate similarly
to the optimal surface velocity distributions by tailoring the modulus of elasticity and
density through the structure.

136

4. Fundamental frequency: Shifting the fundamental frequency far away from the
frequency range of interest is used to reduce the sound radiation within this frequency
range. For example, Marburge and Hardtke [158] improved the acoustic properties by
maximizing the fundamental frequency of a vehicle hat-shelf.
5. Average squared normal velocity of structure surface. As shown in Eqs. (7.6) and
(7.7), the acoustic power depends on the structural surface velocity. One alternative to
the sound power is to consider only the vibrational response of the structure. The
average squared normal velocity of plate surface (v%) is a criterion used to describe
the vibrational response and can be calculated by [156]
<vn2)= \!srids,

(7.10)

or, in discretized form as
( ^ ^ E f i v ^ ,

(7.11)

where Ne is the total number of elements, sh and vni are the area and the average
normal velocity at element i, respectively.
7.4 Sound Power Calculation
There are different methods to estimate the radiated sound power, and the majority
of these methods are based on integrating the acoustic intensity over the area which
surrounds the radiating object. For example, for a baffled source the radiated sound
power can be evaluated by integrating the sound pressure over a hemisphere in the farfield. In discretized form, the sound power can be calculated by [128]
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2nri
npc

l

x

(7.12)

'

•th

where r is the radius of hemisphere, pt is the root mean square sound pressure at the i

observation point, and n is the number of equally-spaced observation points around the
hemisphere. The baffle is an infinite rigid panel that surrounds the vibrating surface and
prevents the coupling between the acoustic field from one side of the vibrating structure
to the other side, i.e., the sound radiation in the negative z-coordinate is not taken in
consideration (see Fig. 68).
Another method to evaluate the radiated sound power from a vibrating plate
requires the estimation of the sound pressure on the plate surface as well as the estimation
of surface normal velocity. In discretized form, Eq. (7.9) can be written as

W= iZ£ 1 5 I /?e{p l < l },

(7.13)

where Ne is the total number of elements, s t , p t , and v* t are the area, the average
pressure, and the conjugate average normal velocity at element i, respectively.

Figure 68. Vibrating plate on a baffle
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Calculating the sound power using Eq. (7.12) or Eq. (7.13) requires calculating or
measuring the sound pressure on a surrounding surface of the radiator or on the radiator
surface, respectively. These methods give accurate results but they are computationally
expensive. Therefore, approximate methods are widely used to evaluate sound power.
One of these methods is based on low frequency approximation. In particular, it is based
on a direct correlation between the total volume velocity on the surface of the vibrating
structure and radiated sound at low frequencies. Many authors address the sound
radiation reduction by reducing the volume velocity [99,114, 152, and 153].
The Low frequency approximation can be used when the structural dimensions are
small compared to the wavelengths in the ambient fluid (generally considered air in this
work), i.e., the length of the plate shortest dimension is less than the acoustic wavelength
(A). In other words, when X » a then the excitation frequency can be considered as a
low frequency, where a is the length the of plate shortest side. The acoustic wavelength is
given by

l = y,

(7.14)

and the acoustic wave number is given by
fc=-=^£
c

(7.15)
v

c

'

where c is the speed of sound in the ambient fluid, co and / are the frequency of the
excitation force in rad/sec and in Hz, respectively. From Eqs. (7.14) and (7.15), and by
applying the low frequency condition (A » a), we conclude that the volume velocity
approximation can be used if
a « j,

(7.16)
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The limitations of this approximation will be explained in Section 7.6 for a plate
radiator. Assuming that the structural dimensions are small compared to the wavelengths
in the ambient fluid, the equation of the sound pressure can then be written as [99,
114,159]

p(f) * JJSSS^L u

(7.17)

where u is the surface volume velocity. The volume velocity is the integral of the
particle normal velocity over the radiated surface,
u = fsvn(rs)dS,

(7.18)

or, in discretized form as

u = E£1siv„.i.

(7.19)

The volume velocity depends on the amplitude of the vibration response and the velocity
profile of the structure at the frequency of interest (or the mode shapes if the frequency is
the same as a natural frequency). By substituting Eq. (7.18) into Eq. (7.17), the sound
pressure at any point located at r is
P(?)=^e-*R.

(7.20)

The sound power can be derived by using Eqs. (7.9), (7.17) and (7.18) as [99]

W = £2^«1.

(7.21)
v

Site

For a baffled radiator, the sound power can be given by [99]
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J

W = ^ ^ .

(7.22)

V

4 7TC

J

Equation (7.22) is used in this study to calculate the radiated sound power from the
baffled dimpled and beaded beams and plates. The calculation of the normal velocity is
explained in the next section.
7.5 Volume Velocity Calculation
The first step in calculating the volume velocity is calculating or measuring the
vibration response of the structure which resulted from the harmonic load. In this study,
ANSYS parametric design language (APDL) is used to model the beams and plates and
to perform the harmonic analysis. The harmonic analysis in ANSYS can only provide the
displacement of each finite element node in the structure at the frequency of interest.
To calculate the total volume velocity of the vibrating beams and plates, a
MATLAB program is developed. This program works with the APDL code. The APDL
code provides the nodal displacement vectors, the coordinates of the finite element nodes,
and the centroids of the finite elements. Next, the MATLAB code calculates the volume
velocity of the vibrating structure based on the ANSYS data. The program consists of
two main steps: the first step is calculating the average normal velocity at the center of
each finite element. The second step is calculating the area of each finite element.
7.5.1 Normal velocity calculation
The harmonic displacement of any finite element node, /, can be written in a vector
form as xt. The displacement vector consists of three components which represent the
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nodal displacement in the global coordinates. The nodal velocity can then be determined
as
(7.23)

vi=jcoxi

The normal velocity vin at the / th node can be determined from the nodal velocity
vector (Vj) and the normal unit vector {nt) at the i th node
Vi.n = $i • nt

(7.24)

Consider the quadrilateral element (shell63) which is shown in Fig. 69. The unit
normal (H;) at the i th node can be calculated using the concept of the cross product. For
example, the unit vector at node 2 is given by the cross product between the unit vector
r\^ and unit vector r^

n 2 = 7=% x jUr
|rl,2 I

(7.25)

| r 2,3 I

r-L

r2

(a)

(b)

Figure 69. Illustration of a single quadrilateral element
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If the position vectors of nodes one, two, and three are r\ = rlxt+
*2 = r2xi + r2yJ + r2z^5 an^

^3 =

rlyj + rlzk,

r

3x^ + r3yJ + r 3z^ respectively, Eq. (7.25) can be

written as
—. _

(r2x-rlx)i

+(r2y-rly)

j+(r2z-rlz)

(r2x-rlx)z+(r2y-rly)

k

(r3x-r2x)i

+(r 2 z -r l z ) 2

+(r3y-r2y)

1+(r3z-r2z)

J(r -r )2+(r3y-r2y)
* 3x 2x

k

+(r 3z -r 2z )

After calculating the normal component of the modal velocity, the normal velocity
of the element can be calculated as the average of the velocity normal components of all
the nodes in the element (assuming the velocity varies linearly over the element). The
volume velocity of a single quadrilateral element can be calculated by

v

n=\

(7.27)

{Vx,n + V2iTl + V3>n + V4n)

7.5.2 Element area calculation
Calculating the area of a beam element is straightforward; multiply the length of the
element by its width. For a quadrilateral element, the first step to calculate the surface
area is dividing the element into four triangles using the geometrical center, C, as an extra
node (see Fig. 69.b). The location of the center is described by the vector r£ = rCxt +
rCyJ + TCzk. For example, the area Axoi the triangle which connects nodes 1, 2, and its
geometrical center C can be calculated using the following formula [160]

r

*lz

r

*2z

ly

A1=

-

2y

r

cy

rCz

1
1
1

4

+

*lz

rix

r2z

r

rCz

rCx

2x
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1
1
1

2

r

lx

r

r

Cx

r

+

\y

1

(7.28)

'2y

Cy

1

The area of the quadrilateral element Ae can be calculated by summing the areas of
the triangles. After calculating the areas of all the finite elements and the average normal
velocities at the center of each element, the total volume velocity can be determined
using Eq. (7.18).
7.6 Low Frequency Validation for a Plate
To check the accuracy of volume velocity method (low frequency approximation),
the radiated sound power of a baffled rectangular piston is calculated using Eq. (7.22) and
compared with Eq. (7.12) combined with the far-field formula of Eq. (7.7). The
rectangular piston under consideration has length 0.4 m, width 0.45 m, and thickness
0.001 m, located on an infinite baffle and surrounded by air. Its surface velocity is
assumed to be uniform and arbitrarily set to v = 1 m/s. The radius of the hemisphere in
Eq. (7.12) is assumed to be ten times the acoustic wavelength (102). The characteristic
impedance of the air, pc, is 415 rayle. The power level was evaluated at different ka as
shown in Fig. 70, where a is the length of the plate's shortest side (a = 0.4 m). The
sound power level is defined in decibels (dB) using

L w = 10 1 o g 1 0 ( ^ ) ,

(7.29)

where Wref = 1 0 - 1 2 watt. The numerical results of the sound power show good
agreement between the low frequency approximation and the far-field formula. For
example, when ka = 3.5, the relative error is 2.51%. In this study, the frequency of
interest is less than 300 Hz. When / = 300 Hz (or ka « 2.2) the relative error is less than
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1.05%. Thus, we can conclude that the low frequency assumption approach is applicable
through our frequency range of interest.
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Figure 70. Sound power level of a baffled plate piston as a function of ka, where a = 0.4 m

Another method to validate the applicability of low frequency approximation is to
calculate the sound pressure using the fiexural mode formula given by Fahy [156] as

p(r, 6,0) = jkpc vpq —

— [ WvKyi_v j [ Wtptyt_x

j,

(7.30)

where r, 0,0 are the spherical coordinates of the observation point in the hemisphere
surface (see Fig. 67); r is the length of vector f, 6 is the angle between the vector r and zcoordinate, and 0 is the angle between the projection of vector f on the plane xy and x-
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coordinate, a and b are the width and length of the plate, vpq is the velocity magnitude for
the p, q mode, and a and /? are given by [156]
a = ka sin(0) cos((&)

(7.31a)

P = kb sin(d) sin(0)

(7.31b)

The radiated sound power can be evaluated by integrating the sound pressure over a
hemisphere in the far-field. In discretized form for numerical computation, the sound
power can be calculated using Eq. (7.16).
Consider a simply-supported plate with a - 0.4 m, b = 0.45 m, thickness h = 0.001
m, modulus of elasticity E = 210 GPa, density p = 7800 kg/m 3 , and lost factor 77 = 0.005.
It is subjected to a force excitation located at (0.75b, 0.75a) from plate corner, having the
amplitude of 1 N in the frequency range of 10-300 Hz. The plate is assumed to be in an
infinite baffle. The acoustic medium is air having acoustical impedance pc = 415 rayle.
The sound power is calculated numerically based on Eq. (7.26) (low frequency
approximation). The sound power spectrum is shown in Fig. 71. As shown, there are
four peaks in our frequency range of interest; the first peak is associated with the first
mode shape {fx « 27.6 Hz), the second peak is associated with the fifth mode shape
(f5 « 125.0 Hz) or the (3,1) mode shape, the third peak is associated with the sixth mode
shape(/6 « 150.8 Hz) or the (1,3) mode shape, and the fourth peak is associated with the
tenth mode shape (f10 « 247.9 Hz) or (3,3) mode shape. It is noted that there are no
peaks at the (1,2), (2,1), (2,2), (2,3), (3,2), and (1,4) mode shapes and this result is
expected because the sound power calculation of Eq. (7.22) depends on the total volume
velocity of the vibrating structure, i.e., the total volume velocity of the mode shapes with
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even mode index or indices is very low due to volume velocity cancelation between the
antinodes regions.
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Figure 71. Sound power level of a lightly-damped plate (ref. 10"12W)
The sound power at the well-radiated frequencies is calculated by using the volume
velocity approach (Eq. (7.22)) and the analytical approach (Eqs. (7.12) and (7.30)). The
results are summarized in Table 16. It is shown that the relative error between the sound
power level based on low frequency approximation and the sound power based on the
analytical approach (flexural mode formula) is less than 2%. Thus, we can conclude that
the low frequency assumption is applicable at the frequency of interest. From this point
forward, the plate mode shapes will be defined by a mode number instead of mode
indices because by creating dimples or beads on plate surface, the plate mode shapes are
drastically changed and no longer can be described by mode indices.
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Table 16. Comparison between the volume velocity approach and the analytical approach
Mode Indices
Frequency, Hz
k*a
Sound Power Level, dB
Eq. (7.12)
Sound Power Level, dB
Eq. (7.22)
Relative Error, %

0,1)
/, =27.6
0.202

(3,1)
h =125.0
0.916

(1,3)
U =150.8
1.105

(3,3)
fio =247.9
1.816

102.34

95.167

95.213

85.625

102.32

94.938

94.897

83.954

0.02%

0.24%

0.33%

1.99%

7.7 Reducing Radiated Sound Power of Beams Using Dimpling Technique
This section deals with the reduction of the radiated noise from vibrating beams.
The sound power is reduced through creating cylindrical dimples on beams' surfaces.
The low frequency assumption is adopted throughout this study for evaluation of the
sound power. To study the validity of this assumption, the sound power radiated from a
vibrating beam with uniform surface velocity (i.e., vibrating as a piston), at different
excitation frequencies, are calculated using the low frequency approximation and
compared to the far field formulation of Eq. (7.12) (the pressure is calculated using Eq.
(7.7)). The validation results are shown in the next subsection. The effect of dimpling
technique on the sound radiation from vibrating simply supported beams are studied by
changing the location and the angle of the dimple (as shown in Fig. 18) on the sound
radiation at the well-radiated modes. After the parametric study, the efficiency of the
design approach is studied through an optimization example.
7.7.1 Low frequency validation for a baffled piston beam
To check the accuracy of volume velocity method (low frequency approximation),
the radiated sound power of a baffled beam piston is calculated by using Eq. (7.22) and
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compared to the far-field formulation of Eq. (7.12) and Eq. (7.7). The beam under
consideration has length L = 0.3 m, width w = 0.025 m, thickness h = 0.001 m and is
located on an infinite baffle which is surrounded by air. Its surface velocity is assumed to
be uniform and arbitrarily set to v = 1 m/s. The radius of the hemisphere in Eq. (7.12) is
assumed to be ten times the acoustic wavelength (10A). The characteristic impedance of
the air, pc, is 415 rayle.
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Figure 72. Sound power level of a baffled beam piston as a function of kL, where L = 0.3 m
The power level was evaluated at different kL as shown in Fig. 72. The numerical
results of the sound power show good agreement between the results of Eq. (7.22) and
Eq. (7.12) combined with Eq. (7.7). For example, whenfcL = 2.5, the relative error is
0.73%. In this study, the frequency of interest is less than 300 Hz. When / = 300 Hz (or
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kL « 2.2) the relative error is less than 0.7%. Thus, it can be concluded that the low
frequency approximation approach is applicable through the frequency range of interest.
7.7.2 Effect of dimple angle and position on beam radiation
To understand the behavior of the objective function, dimple position and angle are
evaluated for their influence on noise radiation from vibrating beams. The parametric
study is limited to calculating the sound power at the well-radiated natural frequencies
(i.e., it is assumed that the beam is lightly damped so that most of the vibration energy is
concentrated at the natural frequencies). The design variables under consideration are the
location (x) and angle (0) of the dimple as shown in Fig. 18.
Consider a simply-supported beam has the same dimensions as the beam in the
previous section with modulus of elasticity E — 189 GPa, density p = 7688 kg/m3, and
lost factor r\ = 0.02. It is subjected to a point-force excitation (at x = 0.75 L) having a
uniform amplitude of 0.5 N in the frequency range of 10-300 Hz. The beam is assumed to
be in an infinite baffle. The acoustic medium is air having acoustical impedance pc =
415 rayle. The sound power is calculated numerically based on Eq. (7.27).
Figure 73 shows the sound power spectrum plot of the beam without dimples. There
are two peaks; the first peak associated with the first mode shape (fx « 25 Hz), and the
second peak associated with the third mode shape (f3 « 225 Hz). It is noted that there is
no peak at the second mode shape (f2 « 99.9 Hz), and this result is expected because the
sound power is directly related to the total volume velocity of the vibrating structure,
(i.e., the total volume velocity of the second mode shape is very low due to cancelation of
positive and negative velocities of the two halves of the beam).
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Figure 73. Sound power level of the beam without dimples (ref. 10"12 Watt)

It is worth noting that the low volume velocity of the second mode shape does not
mean low vibration response at this mode shape. The vibration response can by described
by the average normal mean square velocity over the beam surface (v^) which can be
calculated using Eq. (7.11). Figure 74 shows the average mean square velocity over the
surface of the vibrating beam. As expected there are three beaks which describe the
resonances at the first three natural frequencies.
To investigate the relation between the position and angle of the dimple and the
radiated sound power at the first and third natural frequencies, the dimple chord D is held
constant and set equal to a tenth of the beam length and the dimple position and angle are
changed. The change of the radiated sound power at the first natural frequency is shown
in Fig. 75.
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Figure 74. The average normal mean square velocity over the surface of the beam

The first natural frequency of the original beam without dimples is ft = 25 Hz, the
volume velocity |u| = 9.31879 * 10~3m3/s, and the sound power is W = 5.989 * 1 0 - 4
Watt (Lw = 87.8dB). In interpreting the results shown in Fig. 75, one should note that as
the dimple changes location or size, the beam natural frequencies shift. This shift in beam
natural frequencies affects the sound power radiated from the beam.
It is noted that the sound power is sensitive to the position of the dimple. At low to
intermediate angles (0 < 110°), the sound power decreases especially when the dimple is
located near the center of the beam. On the other hand, for a large-angle dimple, the
sound power may increase or decrease. This depends on the change of the natural
frequency and the change of total volume velocity (see Eq. (7.27)). For example, the
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maximum increase in sound power occurs when x = 0.8 L and 0 = 180° (/i = 21.4 Hz,
\u\ = 1.1829 * 10 _2 m 3 /s, W = 7.080 * 1 0 - 4 Watt, and Lw = 88.5 dB). This is due to
the thinning effect of the dimple (i.e., increasing the dimple angle, decreases the
thickness of the dimple which results in decreasing the stiffness of the beam in the area of
the dimple). As a result of applying the force near this area (low stiffness area), the
vibration response increases as shown in Fig.76.

Dimple angle ( ° )

Figure 75. The change in the sound power level at the first natural frequency by varying
dimple location and size

The maximum decrease in sound power occurs when x = 0.35 L and 0 = 180
(A = 18.54 Hz, |u| = 8.8744 * 10~3m3/s, W = 2.998 * 10~ 4 Watt, and Lw = 84.8
dB). The reduction in sound power results mainly from the decrease of the first natural
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frequency. Also, there is little decrease in the volume velocity and little change in the
velocity profile (see Fig. 76).
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The change of the radiated sound power at the third natural frequency as a function
of the dimple location and angle variation is shown in Fig. 77. The third natural
frequency of the beam without dimples is / 3 = 224.8 Ffz, the volume velocity is \u\ —
3.47520 * l(T 3 m 3 /s, and the sound power is W = 6.764 * 1(T 5 Watt (Lw = 78.3 dB).
Figure 77 shows the change in the sound power at the third natural frequency due to the
change in the position of the dimple. At low to intermediate angles (0 < 110°), the sound
power decreases near the beam end quarters, and increases near the beam center. The
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increase in the sound power is resulted from the increase in the total volume velocity.
There are two reasons for the increase in the total volume velocity. The first reason is that
there is an increase in the beam vibration response due to the change in beam stiffness.
The second reason is that there is a change in the beam mode shape in such a way that the
beam volume velocity increases.
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Figure 77. The change in the sound power level at the third natural frequency by varying
dimple location and size

For a large-angle dimple, the change in the natural frequency and the velocity
profile play an important role in changing the sound power. For example, the maximum
increase in sound power occurs when x = 0.551 and 0 = 130° (f3 = 201.2 Hz,
\u\ = 5.89586 * 10" 4 m 3 /s, W = 1.5587 * 10" 4 Watt, and Lw = 81.9 dB). This results
from the thinning effect of the dimple which causes an increase in the vibration response
as shown in Fig. 78.
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Figure 78. Comparison of the beam response in terms of lateral velocity magnitude at the third
natural frequency with and without dimple (— No dimple, ••• Maximum power, and - •Minimum power)

The maximum decrease in sound power occurs when* = 0.35 Land 0 = 180°
(f3 = 175.91 Hz, uu* = 1.0295 * 10- 9 m 6 /s 2 , W = 3.530 * 1 0 - 7 Watt, and Lw = 55.5
dB). The reduction in sound power results from both the decrease of the natural
frequency and the decrease of the volume velocity. The change of the magnitude and
shape of the lateral velocity profile results in the reduction of the volume velocity. Also,
it is noted that, in this case, the lateral vibration of the beam accompanies an axial
vibration (the magnitude of this velocity at the right hand side of the beam is 0.0299 m/s).
The effect of the axial vibration of the flat part of the beam is negligible because the fluid
in our case example is air which is inviscid fluid. If the fluid is inviscid then the effect of
the tangential velocity component on the radiated sound is ignored [155].
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7.7.3 Minimizing radiated sound power of a beam using a cylindrical dimple
As shown in the parametric study, the sound radiation from vibrating beams
depends on the size and position of the dimple. Moreover, the effect of the dimple differs
according to the frequency of interest. As a result of the design complexity, there is a
need for a stochastic search approach, such as the genetic algorithm (GA), to get the
optimal design. In our problem, a genetic algorithm (GA) provided by the MATLAB®
global optimization toolbox was used to minimize the sound radiation. During
optimization, ANSYS® is integrated into MATLAB® and is executed via batch-mode to
do the harmonic analysis.
In the optimization example, like in natural frequency optimization examples
(discussed in Ch. 5), there are three general constraints; the distances between the
dimples have to be large enough to prevent dimples from overlapping onto each other,
the dimples must have a certain distance from the beam ends, and each dimple angle has
to be less than a certain value in order to ensure it meets manufacturing limitations. In
sound radiation optimization, there is an external force at a specific location. Sometimes,
it is not suitable to change the geometry under this force. For this reason, an additional
constraint is added to the optimization problem (to keep the dimples away from the force
position).
To show the efficiency of dimpling technique to reduce the radiated sound from
vibrating beams, an optimization example is introduced. In this example, we seek to
design a dimpled simply supported beam that yields a minimum sound radiation at a
specific frequency. The minimization is applied by creating two dimples on the surface of
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a vibrating beam. The GA is used to find the positions (Xt), chords (D(), and angles (0j)
of dimples which yield the minimum sound radiation at a single frequency.
Dealing once again with the previously described beam in the parametric study, we
want to minimize the sound radiation from the beam at frequency of 225 Hz by creating
two dimples on its surface. The sound power level at this frequency before minimization
is 78.4 dB. After minimization, the sound power of the beam at 225 Hz is 50.5 dB. The
optimal design variables are shown in Table 17. Figure 79 shows the sound power
spectrum plot of the optimized beam compared with the original beam. This reduction in
the sound power level is resulted primarily from the reduction of the vibration response.
Figure 80 shows the average normal mean square velocity over the surface of the
optimized and the original beams.
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Figure 79. Sound power level of the original and the optimized beam to reduce the sound power
at 225 Hz
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Figure 80. Average normal mean square velocity over the surface of the optimized beam to
reduce the sound power at 225 Hz compared with the original beam

Table 17. Dimpled simply supported beam optimum design variables (L = 0.3 m, b
25 L/300, and h = L/300)

Dimple 1
Dimple 2

Numerical results
x(m)
D(m)
0(°)
0.208 0.029
179.7
0.272 0.030
179.5

Non-dimensiona results
x/L
D/L
0(°)
0.6933 0.0967 179.7
0.9067 0.1000 179.5

7.8 Reducing Radiated Sound Power of Plates Using Dimpling Technique
This section deals with the reduction of the radiated sound power from vibrating
plates. The sound power is reduced through creating dimples on plates surfaces. The
dimpled plate is modeled as shown in Fig.81; where x and y represent the coordinates of
the dimple center relative to the plate corner, 0, R, and H represent the angle, the radius,
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and the height of the dimple respectively, while D represents the diameter of the dimple
base. The effect of dimpling technique on the sound radiation from vibrating simply
supported plates are studied by changing the location and size of the dimple and
observing its affect on the sound radiation at the well-radiated frequencies. After the
parametric study, the efficiency of our design approach is studied through some
optimization examples.

Section A-A

Figure 81. Dimpled plate with an excitation force

7.8.1 Effect of dimple size and position on plate radiation
Understanding the behavior of the objective function is important to select the
suitable optimization approach. To gain some knowledge about the sound power of
dimpled plates, it is important to study the effect of changing some design variables on
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sound radiation of the plate well-radiated natural frequencies. These design variables
include the position and size of the dimple. As shown in Ch. 6, creating dimples on the
surface of a plate-structure changes its natural frequencies and mode shapes. The effect of
these dimples is not limited to the changes of the natural frequencies and mode shapes
but it includes the change in the vibration response. According to Eq. (7.22), the sound
power of a radiated plate depends on its frequency and net volume velocity. Thus, we can
conclude initially that creating a dimple on plate surface alters the radiated sound.
The plate under consideration is a simply-supported rectangular plate with width a
= 0.4 m, length b = 0.45 m (or b = 1.125 a), and thickness h = 0.001 m (or h = 0.0025 a).
It is made of steel with modulus of elasticity E = 210 GPa, Poisson's ratio, v = 0.3,
density of p = 7800 kg/m , and loss factor rj = 0.02. It is subjected to a force excitation at
point (0.778 &,0.75 a) having a uniform amplitude of 1 N in the frequency range of 10300 Hz. The location of the point is selected such that this force will excite all the mode
shapes in the frequency range of interest. The plate is assumed to be in an infinite baffle.
The acoustic medium is air having acoustical impedance pc = 415 rayle. The sound
power is calculated numerically based on Eq. (7.27) (low frequency approximation). The
sound power spectrum is shown in Fig. 82. Some vibroacoustic characteristics of this
vibrating plate at the well-radiated frequencies are summarized in Table 18.
Table 18. Vibroacoustic characteristics of the plate at well-radiated natural frequencies
Mode
Indices
Frequency,
Hz
<^>

M
W
Lw

(3,1)

(1,1)

h =125.0

A =27.6
3

4.34859 * 10~
1.36115 * 1 0 - 2
1.56299 * 10~ 3
91.94

h =150.9
-4

4.19750 * 1 0
1.35687 * 10~ 3
3.18699 * 10~ 4
85.03
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(3,3)

(1,3)

Ao =248.0
4

1.66659 * 10~
8.73981 * 10~ 4
1.92632 * 1 0 - 4
82.85

1.07509 * 1 0 - 4
2.71607 * 1 0 - 4
5.02776 * 1 0 - 5
77.01
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Figure 82. Plate's sound power level spectrum (ref. 10"12W)

To study the effect of dimple base diameter and height on the sound radiation at the
first, fifth, sixth, and tenth natural frequencies, a single dimple is created on the center of
the plate and the dimple base diameter and height are changed. The dimple base diameter
varies from 0.025a to 0.375a, while the dimple height varies from 0.05D to 0.4D.
Figure 83 shows that creating a single dimple on the center of the rectangular plate
has an obvious effect on the sound radiation at the first natural frequency. The sound
power is highly sensitive to the change of dimple height. Increasing the dimple height
decreases the sound power. On the other hand, at low dimple height to base diameter
ratio, increasing the base diameter increases the sound power. For example, the
maximum radiation occurs when D = Dmax = 0.375 a, and H/D = (.H/D)min
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= 0.05

(/i = 32.4 Hz, \u\ = 1.31246 * l(T 2 m 3 /s, (v 2 ) = 3.7488 * l(T 3 m 2 /s 2 , W = 2.0039 *
1 0 - 3 Watt, and Lw = 93.0 dB). At this point, there is a decrease in the vibration
response criterion (v^), but there is an increase in the frequency (compare with Table 18).
Thus, the effect of increasing the natural frequency is dominant in increasing the sound
power.
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Figure 83. The change in the sound power level at the first natural frequency by varying dimple
diameter and height

On the other hand, the minimum radiation occurs when D = 0.05 a and H/D =
0.4

(/i = 27.6 Hz, |u| = 4.9910 * 10" 3 m 3 /s, <t^> = 6.0248 * 10 _4 m 2 /s 2 , W =

2.1044 * 10" 4 Watt, and Lw = 83.2 dB). At this point, there is a decrease in the
vibration response criterion {v%) and a negligible change in the frequency. We conclude
that creating a dimple at the center of the plate decreases the vibration response at its first
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natural frequency, and the mechanism of volume velocity cancelation does not play a role
in controlling the sound radiation.
The effect of varying dimple diameter and height on the sound radiation at the fifth
natural frequency is shown in Fig. 84.

Similar to the radiation at the first natural

frequency, the sound power is highly sensitive to the change of dimple height. Increasing
the dimple height decreases the sound power radiation. On the other hand, at low dimple
height to base diameter ratio, increasing the base diameter increases the sound power. For
example, the maximum radiation occurs when D = Dmax = 0.375 a and H/D =
(H/D)min

= 0.05

(fs = 165.6

Hz,

\u\ = 1.3940 * 10" 3 m 3 /s,

(v%) = 3.4277 *

10 _4 m 2 /s 2 , W = 5.9272 * 1 0 - 5 Watt, and Lw = 87.7 dB). Similar to the radiation at the
first natural frequency, there is a decrease in the vibration response criterion (v%)
(compare with Table 18), and an increase in the frequency. Additionally, at this
frequency there is an increase in the net volume velocity. This increase results from the
change of the mode shape. The effect of increasing the natural frequency is dominant in
increasing the sound power. On the other hand, the minimum radiation occurs when
D = 0.05 a and H/D = (H/D)max

= 0.4 (/j = 125.4 Hz, \u\ = 5.0253 * 10~ 4 m 3 /s,

(v%) = 1.96558 * 10" 4 m 2 /s 2 , W = 4.4007 * 10~ 5 Watt, and Lw = 76.44 dB). There are
decreases in the vibration response criterion {v%) and the net volume velocity, and a
negligible change in the frequency (compare with Table 18). We conclude that creating a
dimple at the center of the plate decreases the vibration response at its fifth natural
frequency.
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Figure 84. The change in the sound power level at the fifth natural frequency by varying dimple
diameter and height

Figure 85 shows a negligible increase in the sound radiation at the sixth natural
frequency by creating a dimple at the center of the rectangular plate. For example, when
D = 0.1 a and H/D = (H/D)min

= 0.05

(f6 = 153.3 Hz, |u| = 8.8018 * 10- 4 m3/s,

<V2) = 1.6873 * 10- 4 m2/s2, W = 2.0176 * 10~ 4 Watt, and L w = 83.1 dB). This little
increase in the sound power is resulted from the little increase in the frequency and
vibration response. On the other hand, Figure 85 shows a sudden decrease in the sound
power approximately when D = 0.3 a. For example, the minimum sound radiation occurs
when D = 0.3 a and H/D = 0.3

(f6 = 176.9 Hz, |u| = 1.4048 * 10~4m3/s, (v£) =

2.2439 * 10 _4 m 2 /s 2 , W = 6.8439 * 10~ 6 Watt, and Lw = 68.1 dB). As noted, there is
an increase in the frequency, an increase in the vibration response criterion (v%) , and a
decrease in the net volume velocity. The decrease in the net volume velocity is resulted
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from the great change on the mode shape, i.e., the mode shape is changed from (1,3) to
(3,2) as shown in Fig. 86.
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Figure 85. The change in the sound power level at the sixth natural frequency by varying
dimple diameter and height

(a)

(b)

Figure 86. Plate mode shapes at the sixth natural frequency: a) no dimple, and b) a dimple at the
center of the plate with D = 0.3 a and H/D = 0.3
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Figure 87 shows that creating a single dimple on the center of the rectangular plate
decreases the sound radiation at the tenth natural frequency. This result is accurate
for D < 0.15, and it cannot be generalized for larger dimple diameter because increasing
the base diameter increases the tenth natural frequency and may be at larger diameter the
increase of the natural frequency has a dominant effect on the radiated sound power. For
example, when D = Dmax = 0.375 a and H/D = Oi/D~)min = 0.05 (f10 = 286.0 Hz,
\u\ = 1.95608 * 10- 4 m 3 /s, (v£) = 2.57786 * 10- 5 m 2 /s 2 , W = 3.4683 * 10" 5 Watt, and
Lw = 75.4 dB), there is a decrease in the vibration response criterion^). Also, there is
an obvious increase in the frequency and a significant change in the mode shape as
shown in Fig. 88(b).
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Figure 87. The change in the sound power level at the tenth natural frequency by varying
dimple diameter and height
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The minimum radiation occurs when

D = 0.3 a and H/D = (H/D}max

= 0.4

(f± = 260.8 Hz, \u\ = 5.5460 * 10- 5 m 3 /s, (v*) = 9.7775 * 10 _6 m 2 /s 2 , W = 3.2286 *
10~ 6 Watt, and Lw = 65.1 dB). There is a relatively little increase in the natural
frequency. In addition, there is a decrease in the vibration response criterion {y%) and a
significant change in the mode shape (see Fig. 88(c)). It is worth noting that any increase
of the dimple height results in a decrease of the sound radiation, and this occurs not only
at the tenth natural frequency, but also at the first, the fifth, and the sixth natural
frequencies.

(a)

(b)

(c)
Figure 88. Plate mode shapes at the tenth naturalfrequency:a) no dimple, b) a dimple at the
center of the plate with D = 0.375 a m and H/D = 0.05, and c) a dimple at the center
of the plate with D = 0.3 a and H/D = 0.4
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To study the sensitivity of the plate to radiate sound at the first, fifth, sixth, and
tenth natural frequencies to dimple position, the dimple base diameter and height are held
constant such as D = 0.05 m and H = 0.3 D, while the position of the dimple is varied.
The results are shown in Fig. 89.
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Figure 89. The change of the sound power level by varying the dimple location at a) first,
b) fifth, c) sixth, and d) tenth natural frequencies
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Figure 89 shows that the radiated sound power is sensitive to the dimple location.
Creating the dimple with these dimensions always decreases the sound radiation. With
the exception at the first natural frequency, the sound radiation is highly nonlinear and
contains multilocal optimal points. At the first natural frequency, the maximum reduction
in the sound radiation occurs when the dimple is created between the excitation force and
the nearest corner. Creating the dimple in this area increases its local stiffness and thus
reduces the vibration response while the mode shape is not affected. At the higher modes,
creating the dimples does not only alter the vibration response, but also changes the mode
shape. The complexity of Fig. 89 is an indicator of the complexity of the optimization
problem.
7.8.2 Minimizing radiated sound power of a plate using dimpling technique
The traditional optimization approaches which are based on calculating gradients
were used in the optimization of the vibroacoustic characteristics of structures [127].
These methods have the advantage of converging fast to the optimal value if the objective
function is simple and the number of the design variables is small. In the design problems
with multilocal optima, like the present design problem, gradient based optimization
approaches will converge to a local optimal solution [124]. To override this problem,
stochastic approaches have been successfully used in the optimization of the
vibroacoustic optimization problems; such as the Particle Swarm algorithm and Genetic
algorithms [124,126,128]. In our problem, the genetic algorithm (GA) is used to
minimize the sound radiation from vibrating plates.
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In the optimization examples that follow, like in the natural frequency optimization
examples, we have three general constraints; the distances between the dimples have to
be large enough to prevent dimples from overlapping onto each other, the dimples must
have a certain distance from the plate edges, and the ratio between each dimple height
and its diameter is less than a certain value in order to ensure it meets manufacturing
limitations. In order to model dimples as realistically as possible, some manufacturing
limitations have to be taken in consideration. The main limitation is the plate material
capacity to deform plastically without cracking. To override this limitation, the ratios
H/D for the dimple will be less than a specific value. For the purpose of optimization
H/D is bounded to be less than or equal to 0.4.
To demonstrate the efficiency of dimpling technique to minimize the radiated sound
power of vibrating simply supported plates, two examples are presented in this section. In
the first example, we seek the design of a dimpled simply supported plate that yields a
minimum sound radiation at the fifth natural frequency. The minimization is applied for
two designs; using a single dimple, and four dimples. In the second example, we seek the
design of a dimpled simply supported plate that yields a minimum sound radiation at the
frequency of 125 Hz. Again, the minimization is carried out for the two cases listed
above. In both examples, the GA is used to find the positions (xt, yt), base diameters
(Pi), and height to base diameter ratios (Hi/D{) of dimples which give the minimum
sound radiation. The population size in each generation is assumed to be 30 for the
single-dimple plate, and 100 for the four-dimple plate. The stopping criterion is chosen to
be the maximum number of generations not to exceed 100 generations or achieving a
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tolerance of less than 10 3 . In general, the optimization problem using one dimple can
be stated as
Minimize

Lw,

Subject to

- + c < x < b — (- + c),
^+c<y<a-

Design variables

(f+c),

(7.35)

xlb < x < xub,
ylb<y<

yub,

Dlb<D<

Dub,

(»)

<(2)<(2)

\DJlb ~ \DJ ~ \DJub'

where a is the plate length, b is the plate width, c is the minimum tolerance between the
dimple and plate edge, lb, and ub are the lower and upper bounds of design variables,
respectively. In the single dimple examples, c — 0.003 m, xw = 0 m, xub = 0.45 m,
ylb = 0 m, yub = 0.40 m, Dlb = 0.005 m, Dub = 0.05 m, ( J )

= 0.05, and (£)

=

0.4. On the other hand, creating four dimples increases the number of design variables
and the required nonlinear constraints to prevent the dimples from overlapping onto each
other. Equation (6.8) shows that creating four dimples requires six additional constraint
equations in the form

-y-^ + cj < (xi-xj) +(yi-yj) J ±j, and ij = 1,2,3A

(7.36)

To reduce the computation time, the plate is divided into four design areas. Each of
these areas represents the feasible region for the position of one dimple. A sample of
feasible design of four bead plate is shown in Fig. 90.
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Figure 90. A sample of feasible design of four bead plate

The optimization problem of the four dimple plate can be stated as
Minimize
Subject to

Lw,
^- + c< xt<b^

+

c <

y i

{— + c\

< f - ( ^

+

c ) ,

fe+c+;aj4Sf_(a+e),
— +C + -<
2
2

V3<

J i

4

(—+ C,
V2
/'

f + c + T < y 4 < a - ( f + c),
Design variables

xib < xt < xub,
yw,i

<yt<

Dlb <Dt<

yUb,i,

Dub,
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(7.37)

In the four dimple examples, c = 0.003 m, xtb = 0 m, xub = 0.45 m, ylbi
yubx

= 0.1 m, ylbi2 = 0.1 m, yubi2

m, yubA

= 0.2 m, ylb>3 = 0.2 m, yubi3

= 0.4 m, Dlb = 0.005 m, Dub = 0.05 m, (£)

= 0 m,

= 0.3 m, ylbA

= 0.05, and (£)

= 0.3

= 0.4.

Example 1: Minimizing the sound radiation at the fifth natural frequency of a simply
supported plate by dimpling.
Dealing once again with the previously described simply supported plate in the
parametric study, we want to minimize the sound radiation from the plate at the fifth
natural frequency by applying two designs. The first design is by using a single dimple
and the second design by using four dimples. The vibroacoustic characteristics of the
plate without dimples at the fifth natural frequency are summarized in Table 18.
Tables 19 and 20 illustrate the optimum design variables for a single-dimple and a
four-dimple plate respectively. By creating a small single dimple only, the sound power
level of the simply supported plate at the fifth natural frequency can be decreased from
85.0 dB to 75.9 dB (9.1 dB decrease). It is worth stating that this decrease in the sound
power resulted from deforming a small area in the plate (the deformed area equals 1.09%
of the plate area).
Increasing the number of dimples decreases the radiated sound. By creating four
optimal dimples, as shown in Table 20, the sound power decreases from 85.0 dB to 64.8
dB (20.2 dB decrease). Figure 91 shows the rapid convergence of the optimization. The
sound power level is decreased from 85.0 dB to 65.2 dB within 30 generations, and
reaches its optimal value after 68 generations.
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Table 19. Optimum single-dimple simply supported plate which minimizes the sound radiation at
the fifth natural frequency (b = 0.40 m, a = 1.125 b , and h = fe/400)
x(m)
0.0285

Numerical results
y(m)
Dim)
H{m)
0.372 0.0500 0.01968

Non-dimensional results
x/b
y/a
D/a
H/D
0.0633
0.9300
0.1250
0.3936

Table 20. Optimum four-dimple simply supported plate which minimizes the sound radiation at
the fifth natural frequency (b = 0.40 m, a = 1.125 b , and h = 6/400)
Numerical results
x(m)
y(m)
H(m)
D(m)
Dimple 1 0.4211 0.0280 0.0491 0.01930

Non-dimensional results
x/b
£>/a
y/a
H/D
0.9358 0.0700 0.1228 0.3931

Dimple 2 0.1681

0.1415 0.0500

0.00776

0.3736

0.3538

0.1250

0.1551

Dimple 3

0.1187

0.2692

0.0500

0.00801

0.2638

0.6730

0.1250

0.1601

Dimple 4 0.1689

0.3718

0.0494

0.00929

0.3753 0.9295 0.1235 0.1880

Figure 91. The convergence of the sound power level at the fifth natural frequency for the fourdimple simply supported plate
175

A comparison between the fifth mode shape of the original plate and the optimal
plates are shown in Fig. 92. It is noted that creating the dimples plays a great role in
changing the mode shapes. In both optimal designs (of course this is obvious in the case
of four dimples) the addition of dimples results in a change to the mode shape such that a
nodal line lies near the excitation force. Thus, the reduction in the sound power level is
resulted primarily from the reduction of the vibration response.

(a)

(b)

(c)

Figure 92. Plate mode shapes at the fifth natural frequency: a) no dimple, f5 =125.0 Hz, and
Lw =85.0 dB, b) single optimal dimple, f5 =127.1 Hz, and Lw =75.9 dB, and c) four
optimal dimples, / 5 =133.4 Hz, and Lw =64.8 dB
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Figure 93 shows the sound power spectrum plot of the optimized plates compared
with the original plate. The subscripts ND, SD, and FD refer to plate without dimples,
plate with an optimal single dimple, and plate with optimal four dimples, respectively.
The curves of the dimpled plates show an increase in the number of peaks. This results
from changing the shape of some mode shapes which were previously considered as lowradiating mode shapes. For example, the mode shape of the fourth natural frequency was
(2,2) before creating the dimples. Because of the changes, this mode becomes a well
radiating mode.
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Figure 93. Sound power level of the optimized plates (at / 5 ) compared with the original plate

The vibration response which is described by the average normal mean square
velocity over the plate surface (v%) is shown in Fig. 94. These curves show that a great
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reduction in the vibration response of the plate was achieved as the result of creating the
optimal dimples.

• Original Plate
Optimized Plate (Single Dimple)
Optimized Plate (Four Dimples)
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Figure 94. Average normal mean square velocity over the surface of the optimized plates (at / 5 )
compared with the original plate

Example 2: Minimizing the sound radiation of a simply supported plate at a specific
frequency by dimpling
In the previous example the efficiency of dimpling method to reduce the sound
radiation from a vibrating plate at a specific natural frequency was demonstrated. As
shown, the optimization process achieved a reduction in sound power level through a
combination of shifting the modal frequency as well as alteration to the mode shape
itself. On the other hand, minimizing the sound radiation at a specific frequency is more
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practical since minimizing the sound radiation at the frequency of the excitation force is
usually required. In the present example, we aim to minimize the sound radiation from a
simply supported plate at a frequency of 125 Hz by creating a single dimple or four
dimples at its surface.
The plate under consideration is the same plate described in the parametric study.
The vibroacoustic characteristics of the plate without dimples at/=125 Hz are the same
as the characteristics of the plate at the fifth natural frequency which are available in
Table 18. The results of sound minimization using a single dimple and four dimples are
shown in Tables 21 and 22, respectively.

Table 21. Optimum single-dimple simply supported plate which minimizes the sound radiation at
frequency of 125 Hz (ft = 0.40 m, a = 1.125 ft , and h = ft/400)
Non-dimensional results

Numerical results
*(m)

y(m)

D(m)

H(m)

x/b

y/a

D/a

H/D

0.0284

0.3720

0.0500

0.01968

0.0631

0.9300

0.1250

0.3936

Table 22. Optimum four-dimple simply supported plate which minimizes the sound radiation at
frequency of 125 Hz (ft = 0.40 m, a = 1.125 ft , and ft = ft/400)
Numerical results
x(m)
y(m)
D(m)
H(m)
Dimple 1 0.3061 0.0497 0.0498 0.01964

Non-dimensional results
y/a
D/a
x/b
H/D
0.6802 0.1243 0.1245 0.3943

Dimple 2 0.3773 0.1675 0.0500

0.00813

0.8384

0.4188

0.1250

Dimple 3

0.1245 0.1624

0.082

0.2587

0.0498

0.00809

0.1822

0.6468

Dimple 4 0.1507

0.3718

0.0500

0.00974

0.3349

0.9295 0.1250
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0.1625

0.1948

By creating a small single dimple only, the sound power level of the simply
supported plate at 125 Hz can be decreased from 85.0 dB to 72.3 dB (12.7 dB decrease).
Increasing the number of dimples allows more freedom to further decrease the radiated
sound power. By creating four optimal dimples the sound power level decreases from
85.0 dB to 54.6 dB (30.4 dB decrease). The sound power spectrum plot of the optimized
plates compared with the original plate is shown in Fig. 95. The vibration response which
is described by the average normal mean square velocity over the plate surface (v%) is
shown in Fig. 96. These curves show the great reduction in the vibration response by
creating the optimal dimples.
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Figure 95. Sound power level of the optimized plates at 125 Hz compared with the original plate
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Figure 96. Average normal mean square velocity over the surface of the optimized plates 125 Hz
compared with the original plate

7.9 Reducing Radiated Sound Power of Plates Using Beading Technique
This section deals with the reduction of the radiated sound power from vibrating
plates. The sound power is reduced through creating a bead on plate surface. The beaded
plate is modeled as shown in Fig.97; where x and y represent the coordinate of the bead
center relative to the plate corner, 0, R, L and H represent the angle, the radius, the
length, and the height of the bead respectively, while W represents the width of the bead
base.
The effect of beading technique on the sound radiation from vibrating simply
supported plates are studied by changing the size of the bead and observing its influence
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on the sound radiation at the well-radiated frequencies. After the parametric study, the
efficiency of our design approach is studied through some optimization examples.

Section B-B

(0,0)
Figure 97. Beaded plate with an excitation force

7.9.1 Effect of bead size on plate radiation
As shown in Ch. 6, creating beads on the surface of a plate-structure changes its
natural frequencies and mode shapes. The effect of these beads is not limited to the
changes of the natural frequencies and mode shapes but it includes the change in the
vibration response. According to Eq. (7.22), the sound power of a radiated plate depends
on its frequency and net volume velocity. Thus, we can conclude initially that creating a
bead on plate surface alters the radiated sound.
The plate under consideration is a simply-supported rectangular plate with width a
= 0.4 m, length b = 0.45 m (or b = 1.125 a), and thickness h = 0.001 m (or h = 0.0025 a).
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It is made of steel with modulus of elasticity E = 210 GPa, Poisson's ratio, v = 0.3,
density of p = 7800 kg/m3, and loss factor r\ = 0.02. It is subjected to a force excitation at
point (0.778 6,0.75 a) having a uniform amplitude of 1 N in the frequency range of 10300 Hz. The location of the point is selected such that this force will excite all the mode
shapes in the frequency range of interest. The plate is assumed to be located in an infinite
baffle. The acoustic medium is air having acoustical impedance pc = 415 rayle. The
sound power spectrum of this example case is shown in Fig. 81. Some vibroacoustic
characteristics of this vibrating plate at the well-radiated frequencies are summarized in
Table 18.
To study the effect of bead length, width, and height on the sound radiation at the
first, fifth, sixth, and tenth natural frequencies, a single bead is created on the center of
the plate with 90 degree angle and the bead height and width are changed. The bead
width varies from 0.0125 a to 0.075 a, while the bead height varies from O.lw to OAw.
This study is repeated two times with different bead lengths of L = 0.25 a, and 0.50 a.
Figure 98 shows the effect of changing bead length, width, and height on the
radiation of the sound from the plate. It is known from Ch. 6 that creating a bead at the
center of a plate increases its first natural frequency. The first natural frequency increases
as the bead length, width, and height increase. However, creating the bead also decreases
the vibration response and as a result it decreases the total volume velocity. From Eq.
(7.22), we understand that the sound power depends on the frequency and volume
velocity. Thus, creating a bead at the center of a rectangular plate may increase or
decrease the radiated sound at the first natural frequency. The increase or decrease on the
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radiated sound depends on the dominant effect between the frequency and the volume
velocity.

w/a

vrfa

(a)

(b)

Figure 98. The change in the sound power level, at thefirstnaturalfrequency,by varying bead
width, height, and length; (a) bead length L = 0.25 a, and (b) bead length, L = 0.50 a
(the sound power level at thefirstnaturalfrequencyfor the original plate is 91.9 dB)

As shown in Fig. 98, the sound radiation is very sensitive to the change in bead
height. Increasing the bead's height decreases the sound power. For example, the
minimum radiation from the bead with L = 0.25 a occurs when w = 0.025 a and
H/w = 0.4

(A = 28.9 Hz, |u| = 5.7233 * 10~3m3/s, (v%) = 5.06139 * 10- 4 m 2 /s 2 ,

W = 3.03805 * 10~ 4 Watt, and Lw = 84.6 dB). At this point, there is a decrease in the
vibration response criterion (v%) and a negligible increase in the frequency (compare with
Table 18). At low height to width ratio, increasing the bead's width results in little
increase in the sound power level. For example, the maximum radiation from the bead
with L = 0.25 a occurs when w = 0.075 a and H/w = 0.1
1.3293 * 10 _2 m 3 /s,

(v%) - 3.8233 * 10 _3 m 2 /s 2 ,

(/i = 29.2 Hz, \u\ -

W = 1.6662 * 10~ 3

Watt,

and

Lw = 92.2 dB). At this point, there is a negligible decrease in the vibration response
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criterion (v%) and a negligible increase in the frequency, but the increase in the frequency
is higher than the decrease in the volume velocity which causes a little increase in the
sound power. Figure 98(b) shows that increasing the bead length doesn't have a
significant effect in changing the sound power level because increasing the bead length
increases the first natural frequency and decreases the vibration response at the same
time. Similar to creating a dimple at the center of a rectangular plate, creating a bead at
the center of the plate does not significantly affect the mode shape. Therefore, the
mechanism of volume velocity cancelation does not play a role in controlling the sound
power radiation.
The effect of varying bead width, height, and length on the sound radiation at the
fifth natural frequency is shown in Fig. 99 (the bead is parallel to the plate shortest
side, 6 = 90°). It is shown that increasing the bead's width and height decreases the
plate sound power. For example, the minimum radiation from the bead with L = 0.25 a
occurs when w = 0.075 a and H/w = 0.4 (/i = 127.2 Hz, |u| = 5.4679 * 10~4m3/s,
(v%) = 5.7477 * 10 _5 m 2 /s 2 , W = 5.36250 * 10~ 5 Watt, and Lw - 77.3 dB). At this
point, there is a significant decrease in the vibration response criterion (i^) and the
volume velocity, and a negligible increase in the frequency (compare with Table 18).
Increasing the bead length decreases the sound power level as shown in Fig. 99(b).
For example, the minimum radiation from the bead with L = 0.50 a occurs when
w = 0.075 a and H/w = 0.4

(fs = 128.2 Hz, \u\ = 4.6529 * 10- 4 m 3 /s, {v£) =

1.6347 * 10- 4 m 2 /s 2 , W = 3.9455 * 10~ 5 Watt, and Lw = 75.0 dB). At this point, in
comparison with the original plate, there is a significant decrease in the volume velocity,
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and a negligible increase in the frequency. The significant decrease in the volume
velocity results mainly from the significant change in the mode shape as shown in Fig.
100. In the mode shape shown in Fig. 100(b), the mechanism of volume velocity
cancelation plays a significant role in reducing the sound power radiation.

(a)

(b)

Figure 99. The change in the sound power level, at the fifth natural frequency, by varying bead
width, height, and length; (a) bead length L = 0.25 a, and (b) bead length, L = 0.50 a
(the sound power level at thefifthnaturalfrequencyfor the original plate is 85.0 dB)

(a)

(b)

Figure 100. Plate mode shapes at thefifthnaturalfrequency:a) no bead, b) a bead at the center of
the plate with L = 0.50 a, w = 0.075 a, and H/w = 0.4
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The effect of varying bead width, height, and length on the sound radiation at the
sixth natural frequency is shown in Fig. 101 (the bead is parallel to the plate shortest
side, 6 — 90°). It is shown that increasing the bead height decreases the sound power. On
the other hand increasing the width of the bead may increase or decrease the sound
power. For example, when the bead length is 0.25 a, increasing the bead width at low
height to width ratio (H/w < 0.2) increases the sound power, but this is not the case at
high height-to-width ratio. The plate with L = 0.25 a radiates the minimum sound power
level when w = 0.075 a and H/w = 0.4 (f6 = 171.9 Hz, \u\ = 2.1396 * 10 _4 m 3 /s,
(v%) = 6.3435 * 10" 5 m 2 /s 2 , W = 1.4992 * 10~ 5 Watt, and Lw = 71.8 dB).

002

003
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w/a
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0 07
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003
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w/a
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007

(b)

Figure 101. The change in the sound power level at the sixth natural frequency by varying bead
width, height, and length; (a) bead length L = 0.25 a, and (b) bead length L = 0.50 a
(the sound power level at the sixth natural frequency for the original plate is 82.9 dB)

In general increasing the length of the bead decreases the sound radiation at the
sixth natural frequency. The significant decrease in sound radiation results from the
significant change in the mode shape as shown in Fig. 102. The mode shape in Fig.
102(b) results in an increase of the volume velocity cancelation which reduces the net
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volume velocity. The minimum sound power level occurs when w = 0.05 a and H/w =
0.4

(f6 = 174.8 Hz, \u\ = 1.2504 * 10 _5 m 3 /s, (v%) = 4.66015 * 10 _5 m 2 /s 2 , W =

5.2914 * 10~ 8 Watt, and Lw = 47.2 dB).

(a)

(b)

Figure 102. Plate mode shapes at the sixth natural frequency: a) no bead, b) a bead at the center
of the plate with L = 0.50 a,w = 0.05 a, and H/w = 0.4

The effect of varying bead width, height, and length on the sound radiation at the
tenth natural frequency is shown in Fig. 103. When the bead length is 0.25 a, it is shown
that increasing the bead's width and height decreases the sound power. The minimum
sound radiation occurs when

w = 0.075 a m and H/w = 0.4

(/ 10 = 266.1 Hz,

|u| = 8.413562 * 10 _5 m 3 /s, (v%) = 8.7358 * 10" 6 m 2 /s 2 , W = 5.55437 * 10~ 6 Watt,
and Lw = 67.5 dB). Figure 103(b) shows the sound radiation from the beaded plate when
the bead length is 0.50 a. By increasing the bead length to 0.50 a, the tenth natural
frequency increases and the vibration response decreases which causes a decrease in the
volume velocity. The important effect of increasing the bead length is the significant
change in the mode shape as shown in Fig. 104. The mode shape is changed from (3,3) to
(4,2) which causes a sudden decrease on the sound radiation ( see the valley in Fig.
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103(b)). The minimum sound radiation occurs when w = 0.01875 a and H/w = 0.4
(f10 = 257.9 Hz, \u\ = 7.6915 * 10- 5 m 3 /s, (v*) = 7.6865 * 10~6m2/s2, W = 4.3589 *
10~ 6 Watt, and Lw = 66.4 dB).

002

(a)

003

004

005

006

007

(b)

Figure 103. The change in the sound power level at the tenth naturalfrequencyby varying bead
width, height, and length; (a) bead length L = 0.25 a, and (b) bead length L = 0.50 a
(the sound power level at the tenth naturalfrequencyfor the original plate is 77.0 dB)

(a)

(b)

Figure 104. Plate mode shapes at the sixth naturalfrequency:a) no bead, b) a bead at the center
of the plate with L = 0.50 a,w = 0.01875 a ,and H/w = 0.4

189

It should be noted that the previous results are given only for the case when the
bead is parallel to the shortest side (the orientation angle is 90°) since the bead's
orientation angle has a significant effect in changing the mode shape.
7.9.2 Minimizing radiated sound power of a plate using beading technique
As shown in the previous section, creating a bead on the surface of a rectangular
plate affects its vibroacoustic characteristics such as the natural frequencies, the vibration
response (i.e., the average squared normal velocity of plate surface (v^)), and the mode
shapes. These characteristics depend on the bead position, size, and orientation. To
override the complexity of designing beaded plate to minimize the sound radiation, the
genetic algorithm is used in the optimization problem.
In the optimization examples that follow, like in the natural frequency optimization
examples of Ch. 6, we have two general constraints; the bead must maintain a certain
distance from the plate edges, and the ratio between bead's height and its width is held
less than a certain value in order to ensure it meets manufacturing limitations. For the
purpose of optimization, H/w is bounded to be less than or equal to 0.4. To ensure that
we are creating the bead within the plate boundaries, the modification area of the bead
can be described by a rectangle defined by its four corners. These four corners are
constrained such that their x- andy- coordinates lie within the design area during
optimization. Figure 57 shows a schematic plot of bead and its modification area. In
general, for designing a plate with one bead only, the optimization problem can be stated
as
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Minimize
Subject to

Lw,
c < Xj < b — c,
c< yj <a-

Design variables

c, j = A,B,C,andD

(7.38)

wlb < w < wub,
Lib < L < Lub,
9lb < 6 < 6ub,

(!)
\wJib

s(£)s(2)w ,
\wJ

\ 'ub

where a is the length of the design area, b is the width of the design area, c is the
minimum tolerance between the bead modification area and the edges of the design area,
A, B, C, and D are the corners of bead modification area (see Fig. 57), Xj, and y;- are the xand y- coordinates of the corners of bead modification area (functions of bead center
position, height, width, length, and orientation angle). The subscripts lb and ub are the
lower and upper bounds of design variables respectively.
To demonstrate the efficiency of beading technique to minimize the radiated sound
power of vibrating simply supported plates, two examples are presented in this section. In
the first example, we seek the design of a beaded simply supported plate that yields a
minimum sound radiation at the fifth natural frequency using a single bead. In the second
example, we seek the design of a beaded simply supported plate that yields a minimum
sound radiation at the frequency of 125 Hz. Again, the minimization is carried out using a
single bead. In both examples, the GA is used to find the bead position (x, y), width (w),
length (L), height to width ratio (—J, and orientation angle (6) which give the minimum
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sound radiation. The population size in each generation is assumed 50 the stopping
criterion is chosen as the maximum number of generations is 100 generation or the
objective function tolerance is less than 10~ 3 . In the following examples, c = 0.003 m,
wlb = 0.005 m, wub = 0.02 m, Llb = 0.02 m, Lub = 0.15 m, 9lb = 0°, 0ub = 180°,
(-)
\w/ib

= 0.05, and (-)

= 0.4.

\w/ub

Example 1: Minimizing the sound radiation at the fifth natural frequency of a simply
supported plate by beading.
Dealing once again with the previously described simply supported plate in the
parametric study (last section), we want to minimize the sound radiation from the plate at
the fifth natural frequency by creating an optimal bead at the plate surface. The
vibroacoustic characteristics of the original plate before beading, at the fifth natural
frequency, are summarized in Table 18. The optimal design variables for a single-bead
plate which minimize the sound power are listed in Table 23. By creating the optimal
bead, the sound power level of the simply supported plate at the fifth natural frequency
can be decreased from 85.0 dB to 41.8 dB (43.2 dB decrease). The convergence of the
GA of the single-bead plate is shown in Fig. 105.
A comparison between the fifth mode shape of the original plate and the optimal
plates are shown in Fig. 105. It is noted that creating the optimal bead results in a change
to the mode shape such that a nodal line lies near the excitation force. Thus, the reduction
in the sound power level is resulted primarily from the reduction of the vibration
response. In addition to the reduction in the vibration response, the mechanism of volume
velocity cancelation plays a significant role in reducing the sound power. Thus, the
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resulted mode shape can be considered as a true weak radiator. Figure 106 shows the
sound power spectrum plot of the optimized plate compared with the original plate. The
subscripts NB, and SB refer to plate without beads, and plate with an optimal single bead
respectively. The mean square velocity over the plate surface {v%) is shown in Fig. 107.
These curves show the great reduction in the vibration response by creating the optimal
dimples.
Table 23. Optimum single-bead simply supported plate which minimizes the sound radiation at
the fifth natural frequency (b = 0.40 m, a = 1.125 b , and h = 0.0025 b)
Numerical results
x(m)
0.1342

L(m)
0.1496

y(m)
0.2671

w(m)
0.0199

H(m)
0.00790

en
1.89

Non-dimensional results
x/b
0.2982

L/a
0.3740

y/a
0.6678

w/a
0.0498

H/w
0.3970

en
1.89
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Figure 105. The convergence of the sound power level at the fifth naturalfrequencyfor the
single-bead simply supported plate
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(b)

(a)

Figure 106. Plate mode shapes at the fifth natural frequency: a) no bead, f5 =125.0 Hz, and
Lw =85.0 dB, and b) single optimal bead, / 5 =137.0 Hz, and Lw =41.8 dB
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Figure 107. Sound power level of the optimized plates (at / 5 ) compared with the original plate

194

Original Plate
Optimized Plate (Single Bead)

10

I

1

1

1

100

110

120

130

1

1

1

140
150
160
Frequency (Hz)

•

!

1

1

170

180

190

200

Figure 108. Average normal mean square velocity over the surface of the optimized plates (at/ 5 )
compared with the original plate

Example 2: Minimizing the sound radiation of a simply supported plate at a specific
frequency by beading
In the previous example the efficiency of beading method to reduce the sound
radiation from a vibrating plate at a specific natural frequency was demonstrated. As
shown, the optimization process achieved a reduction in sound power level through a
combination of shifting the modal frequency as well as alteration to the mode shape
itself. On the other hand, minimizing the sound radiation at a specific frequency is more
practical since minimizing the sound radiation at the frequency of the excitation force is
usually required. In the present example, we aim to minimize the sound radiation from a
simply supported plate at a frequency of 125 Hz by creating an optimal single bead.
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The plate under consideration is the same plate described in the parametric study.
The vibroacoustic characteristics of the plate without dimples at /=125 Hz are the same
as the characteristics of the plate at the fifth natural frequency which are available in
Table 18. The results of sound minimization using a single bead are shown in Table 24.
By creating an optimal single bead, the sound power level of the simply supported
plate at 125 Hz can be decreased from 85.0 dB to 35.8 dB (49.2 dB decrease). The design
variables of the optimal bead are listed in Table 24.
Table 24. Optimum single-bead simply supported plate which minimizes the sound radiation at
frequency of 125 Hz (b = 0.40 m, a = 1.125 b , and h = 0.0025 b)
Numerical results
x(m)
0.2241

y(m)
0.2381

w(m)
0.0199

L(m)
0.1387

H(m)
0.00796

en

H/w
0.4000

en

0.94

Non-dimensional results
x/b
0.4980

y/a
0.5953

L/a
0.3468

w/a
0.0498

0.94

The sound power spectrum plot of the optimized plates compared with the original
plate is shown in Fig. 109. The vibration response which is described by the average
normal mean square velocity over the plate surface {v%) is shown in Fig. 110. These
curves show the great reduction in the vibration response by creating the optimal dimples.
In practical implementations of the optimal design, the design parameters are
subjected to uncertain conditions. These may be resulted from material properties,
manufacturing process, operating environment, etc. Thus, it is important to check the
reliability of the optimal design under these conditions.
196

100
Original Plate
Optimized Plate (Single Bead)

140

150
160
Frequency (Hz)

Figure 109. Sound power level of the optimized plates at 125 Hz compared with the original
plate
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Figure 110. Average normal mean square velocity over the surface of the optimized plates 125
Hz compared with the original plate
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One example of the uncertainty is the location of the excitation force (i.e., applying
a force at an exact location on the structure may not be practical). To study the sensitivity
of the radiated sound power from the beaded plate to the force location, a small
perturbation is applied to the force location in different directions. The perturbations in
the x and y directions are selected arbitrarily as 0.02 b and 0.02 a, respectively. The
change in the sound power level of the original and optimal plates by applying the
perturbation is summarized in Table 25.
Table 25. Summary of the sensitivity of the optimum single-bead simply supported plate, which
minimizes the sound radiation at frequency of 125 Hz, to the perturbation offeree location
Perturbation

Sound Power Level, Lw (dB)

Reduction of
Lw (dB)

Ax

Ay

Original plate

Optimal Plate

0

0

85.0

35.8

49.2

0.02 6

0

85.7

40.5

45.2

0

0.02 a

84.4

40.5

43.9

0.02 6

0.02 a

85.1

45.5

39.6

-0.02 b

0

83.8

41.5

42.3

0

-0.02 a

85.5

41.2

44.3

-0.02 b

-0.02 a

84.3

47.1

37.2

-0.02 b

0.02 a

83.2

36.1

48.1

0.02 b

-0.02 a

86.2

35.9

50.5

As shown in Table 25, the sound power of the optimal plate is very sensitive to the
perturbation

in

force

location.

However,

in the

worst

case

scenario

(i.e.,

Ax = —0.02 b and Ay = —0.02 a) the reduction in the sound power is more than 37 dB
which is still very significant.
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7.10 Summary
In this Chapter, a method for reducing the sound radiation from plate structures
using dimples and beads was demonstrated. The sound power was selected as an
objective function because it is the most direct measure of the acoustic performance. To
reduce the computation cost of the sound power, an approximation based on low
frequency assumption was adopted to simplify the sound power calculation. This
approximation was validated by comparing its results with solutions available for the
baffled piston [155] as well as flexural modes radiation formulae [156]. According to the
low frequency approximation, the sound power correlates directly to the excitation
frequency as well as the net volume velocity at the surface of the vibrating plate or beam.
The effects of changing the position and size of the dimples and beads on the sound
radiation from a vibrating simply supported plate at some natural frequencies were
studied. Creating the dimples or the beads may increase the natural frequencies, and
decrease the vibration response of the plate. The important effect of creating the beads or
dimples is the significant change in the plate mode shapes (specially the higher order
mode shapes). The change of the mode shape plays a significant role in the mechanism of
volume velocity cancellation. Due to the complexity of designing quiet plates using
dimpling or beading techniques, the GA was used in the optimization problems. Two
cases of optimization problems were considered: the first case was the minimization of
the sound power of a vibrating plate at its fifth natural frequency, and the second was
minimizing the sound power of a vibrating plate at a fixed frequency (i.e., the frequency
of 125 Hz was selected as an example). The optimization examples proved the efficiency
of beading and dimpling techniques in designing quiet plates at a specific frequency.
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CHAPTER 8

SUMMARY AND FUTURE WORK
This chapter concludes the dissertation. The next section summarizes the
methodology and the results. Then, some suggestions for the future work are mentioned.
8.1 Summary
The goal of this research was to improve the vibration and acoustic characteristics
of plate structures. This goal was accomplished by optimizing the natural frequencies and
by minimizing the sound power of plate structures. Optimizing the natural frequencies
and minimizing the sound radiation were considered separately.
A strategy was presented for altering the local stiffness and mode shapes of
structures such that their natural frequencies are shifted and their sound power is reduced
at a particular frequency. The strategy was based on creating cylindrical dimples on a
beam surface and on creating spherical dimples or cylindrical beads on a plate surface.
The finite element method was used to perform the modal and harmonic analyses. In
particular, ANSYS parametric design language (APDL) was used to model the modified
beams and plates and to extract their natural frequencies and vibrational response. The
optimization problems were solved using Genetic Algorithm (GA), which is a type of the
stochastic optimization methods, in order to increase the probability of reaching the
global optimal design.
This research was started by studying the effect that creating cylindrical dimples on
the surface of a beam has on its natural frequencies. The parametric and optimization
200

studies show the efficiency of dimpling technique to reduce the fundamental frequency of
simply-supported, free-free, and cantilever beams, while it shows the efficiency of
dimpling technique to increase the fundamental frequency of clamped beams. Next, the
effect of adding a single dimple to a beam on its fundamental frequency was investigated
experimentally and experimental results were compared to simulation. A free-free and a
cantilever beam were excited by an impact hammer and multiple acceleration
measurements were taken at the surface of the beam. The measured data was analyzed
and the Frequency Response Functions (FRF) were produced by using the Smart Office
software. The natural frequencies were then extracted from the FRF plots and compared
with the simulation results. The experimental results show a good agreement with the
simulation results.
A physical understanding of the results was achieved. It was found that creating a
dimple on the surface of a beam alters its bending stiffness by two mechanisms: the
thinning and the curvature mechanisms. Creating a dimple decreases the thickness of the
beam, as a result of this thinning the bending stiffness of the beam decreases. On the
other hand, the curvature couples the transverse and the axial vibrations of the beam. If
the boundary conditions prevent the beam from axial extension (during lateral
deflection), then the bending stiffness will increase. In other words, creating a dimple in
axially unconstrained beam always decreases its bending stiffness (i.e., the thinning is the
only mechanism which affects the bending stiffness). On the contrary, creating a dimple
in an axially constrained beam may increase or decrease its bending stiffness (i.e., the
increase or decrease of the bending stiffness depends on the dominant effect of the
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curvature or the thinning mechanisms). It is this net increase or decrease in beam bending
stiffness that dictates the increase or decrease in beam natural frequencies.
After studying beam dimpling, this research was extended to study the effect of
dimpling and beading techniques on the natural frequencies of plate structures. Spherical
dimples and cylindrical beads were created on the surface of a simply supported plate and
the changes in its natural frequencies were investigated. Two cases of optimization
problems were dealt with. The first case was the maximization of a plate fundamental
frequency, and the second case was maximizing the gap between plate fundamental and
second natural frequency. The parametric and the optimization studies showed the
efficiency of using dimpling and beading techniques to shift the natural frequencies of
simply supported plates.
In fact, creating a bead or a dimple on a surface of a plate structure plays a
significant role in increasing its bending stiffness and changing its mode shapes.
Consequently, it alters plate natural frequencies. In short, creating a dimple or a bead on a
surface of a plate near the regions of high modal strain increases significantly the plate
natural frequency. For example, creating a dimple or a bead at the plate center increases
the local bending stiffness at the region of high modal strain at the plate first natural
frequency. For this reason, the first natural frequency increases significantly.
Another equally important factor is that locating a dimple or a bead near the plate
boundary may decrease the size of the plate structural wave, as a result the natural
frequency increases. In effect, placement of dimples or beads near the plate boundary
ends up shortening the effective vibrating surface of the plate. For example, creating the
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dimple near the corners of simply supported plate increases the plate fundamental
frequency (i.e., creating the dimple near the corners reduces the dimensions of the half
wave, and the reduction in the wave dimensions increases its natural frequency).
The plate fundamental frequency is highly sensitive to the change of the dimple or
bead size. In general, the plate fundamental frequency increases as the bead length,
width, and height increase. In the same way, increasing the dimple base diameter
increases the fundamental frequency. On the other hand, as the dimple height increases
the fundamental frequency increases eventually reaching an optimal value. Any
additional increase in the dimple height above this optimal value causes a decrease in the
fundamental frequency. This is due to the thinning effect of the dimpled area (i.e.,
increasing the dimple height decreases the dimple thickness. At some point the reduction
of dimple thickness has a dominant effect in reducing the bending stiffness). For practical
applications, in order to increase the fundamental frequency of a plate significantly, we
recommend creation of dimples with height to base diameter ratios between 0.15 and 0.2.
The change of plate mode shapes by creating dimples and beads on its surface led to
extending the research to consider reducing the sound radiation from vibrating plates by
creating beads and dimples. The sound power was selected as an objective function
throughout the study because it is the most direct measure of the structure acoustic
performance. To reduce the computational cost, the low frequency assumption was used
to calculate the sound power. The radiated sound power at low frequencies correlates
directly to the frequency and the net volume velocity of the vibrating surface. The
validity of low frequency approximation formula was tested and compared with the
formulae of the baffled piston radiation and flexural modes radiation. The validation
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results showed that the relative error was less than 2% throughout our frequency range of
interest. The effect of creating beads or dimples on the vibroacoustic characteristics of
simply supported plates can be summarized by three points. First, creating beads or
dimples alters the plate natural frequencies. In general creating dimples or beads on plate
surface increases its natural frequencies which in turn causes an increase in the radiated
sound at the natural frequencies.

Second, creating beads or dimples increases the

bending stiffness and consequently the vibration response decreases. The reduction of the
vibration response causes a decrease in the volume velocity which causes a decrease in
the radiated sound. Third, creating beads or dimples changes the plate mode shapes. The
change of mode shape plays a significant role in the mechanism of volume velocity
cancelation. Thus, the change of mode shape may increase or decrease the net volume
velocity. Moreover, creating the beads and dimples may change the mode shapes such
that a nodal line lies near the excitation frequency. The optimization study showed the
efficiency of using dimpling and beading techniques in designing quiet plates at a
specific frequency. Two cases of optimization problems were dealt with: the first case
was the minimization of the sound power of a vibrating plate at its fifth natural
frequency, and the second was minimizing the sound power of a vibrating plate at a fixed
frequency, i.e., the frequency of 125 Hz was selected as an example. A sample study was
conducted to investigate the sensitivity of the radiated sound power, from the optimal
beaded plate, to the force location. The study showed that the sound power of the optimal
plate is very sensitive to perturbations in force location. However, the reduction in the
sound power is still very significant.
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Some manufacturing limitations were considered in this work. For example, the
thickness of the dimple or the bead was considered to be a function of dimple /or bead
size and plate original thickness. During optimization examples, the height to the base
diameter ratio of the dimple and the height to the width ratio of the bead were bounded to
be less than some value, i.e., the upper bounds of these ratios were assumed equal to 0.4.
Moreover, the distance between the dimples or the beads was bounded to be greater than
three times the plate thickness (the clearance is greater than 3h). In general, the presented
design method shows promise in shifting the natural frequencies as well as reducing the
radiated sound from plate-like structures, and provides a road map towards achieving
such goals for complex structures.
8.2 Future Work
The material presented in this dissertation has led to greater understanding of how
creating dimples and beads on the surface of plate-structures affect their natural
frequencies and radiated sound power. At the same time the work presented here has
opened new avenues of research worth investigating.
It would be interesting to take in consideration other design criterion within
optimization process to ensure the ability of the design to withstand the static loadings
under operating conditions. For example, creating dimples and beads decreases the
thickness of the plate at the deformed area. The reduction of the thickness may increase
the stresses. Also, creating dimples and beads in the structure may cause stress
concentrations, especially near the edges of dimples and beads. Therefore, the stress can
be constrained during future optimization work. Moreover, the models should be
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modified slightly by round off the edges of dimples and beads to decrease stress
concentration.
The method presented for shifting the natural frequencies and in reducing the sound
power of plate structures represents a step forward in taking advantage of stamping
manufacturing process. However, the next step in this development would be the actual
construction of dimpled and beaded plates, and testing their natural frequencies and
sound radiation along with the comparison of these results against a flat plate of the same
size and thickness.
The sound power of vibrating plates was approximated using low frequency
assumption. For higher frequencies and more accurate results, other models should be
used to calculate the sound power such as the lumped parameter model.
In all the work presented here, the vibration of the plates was considered to be the
result of a point force excitation at one location only. It would be interesting to test the
sound radiation from the plates by changing the location of the point force and by using
different loading condition, i.e., a harmonic distributed force and standing sound waves
can be used to excite the plates. The sound power of the vibrating plates was minimized
at a specific frequency. Thus, it is conceivable that the approach described here could be
extended to minimize the sound power over a broad frequency band.
The vibration and the sound radiation were based on the assumption that the
excitation force is deterministic and harmonic. However, in many practical cases the
excitation forces are random. Thus, the study should be extended to the cases where the
excitation forces are random.
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The genetic algorithm (GA) toolbox in MATLAB was used in solving the
optimization problems. However, it would be interesting to replace the GA with other
optimization algorithms (such as the simulating annealing and the particle swarm
optimization algorithms) to reduce the computational time.
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APPENDIX A
A Convergence Study of the FE Mesh Used to Model Plates and Beams
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The objective of the modal analysis is to estimate the natural frequencies and mode
shapes of a structure. Analytical solutions are useful and provide excellent understanding
of the behavior of some systems. These systems have simple geometries and low
dimensionality. In practical engineering problem, analytical solutions are not usually
obtainable because of the complicated geometries, loadings, material properties, etc. So
we have to use numerical approaches to compensate the shortages of analytical methods.
One of these numerical methods is the finite element method (FEM). The FEM can be
used in modal analysis of structures. The global system of equations is solved as an
eigenvalue/eigenvector problem for the natural frequencies and mode shapes. The
equations for the modal analysis are
[K-XnM][0n]
and

= O,

(A.1)

A n = a)n,

(A.2)

where [K] is the global stiffness matrix for the system, [M] is the global mass
matrix for the system, 0 n is the mode shape for the nth mode and a)n is the nth natural
frequency. In general, as we increase the number of elements, the accuracy increases. But
one must take care because increasing the number of elements will lead to an increase in
the numerical operations which result in an increase in numerical errors.
A.l Modal Analysis of a Simply Supported Rectangular Plate
The natural frequencies of simply supported plates can be found analytically by
using [16]

^ - ^ [ ( V ) 2 + (T)1.

<^>
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where can is the natural frequency in rad/sec, D is the flexural rigidity which equals
171,3

to —

jj.

• , p is the mass density per unit area of the plate, a is the length of the plate, b

is the width of the plate, and h is the thickness of the plate. The plate under consideration
has dimensions of 0.4*0.25 m and the thickness of 1 mm. The plate is made of structural
steel with a Young's modulus £=210 GPa, Poisson's ratio v=0.3, and density p =
7800kg/m . The first four natural frequencies of the plate are evaluated analytically using
Eq. (A.3) and numerically using FE method. Figure (A.l) shows a typical finite element
mesh of a rectangular plate with simply supported boundary conditions. The elements
used in this case are shell elements (shell63) with 4-node quadrilaterals, and six degrees
of freedom per node. Table (A.l) lists the first five natural frequencies of the plate with
different mesh grids compared to the analytical values. Contour plots of the first five
mode shapes are given in Fig. (A.2).
Table A.l. Natural frequencies of a rectangular simply supported plate with different mesh size.
Mesh Grids

Mode

Exact values

Indices

20x12

40x25

80x50

160x100

(Eq.A.3)

fi (Hz)

(1,1)

54.81

54.86

54.87

54.88

54.88

/2(Hz)

(2,1)

100.88

101.07

101.11

101.12

101.12

/ a (Hz)

(1,2)

172.94

173.18

173.25

173.26

173.27

/4(Hz)

(3,1)

177.61

178.06

178.16

178.19

178.20

/s(Hz)

(2,2)

218.53

219.27

219.45

219.50

219.51
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Figure A.l. Typical finite element mesh of a rectangular plate

I s mode shape

2 nd mode shape

4th mode shape

3 rd mode shape

5th mode shape

Figure A.2. Thefirstfivemode shapes of a simply supported rectangular plate

A.2 Modal Analysis of a Simply Supported Beam
The natural frequencies of simply supported beams can be found analytically by
using [137]

^=A 3>

(A.4)
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where con is the natural frequency in rad/sec, E is the Young's modulus of elasticity, / is
the area moment on inertia of beam cross section, (j. is the mass per unit length of the
beam, / is the length of the beam, and A is a coefficient which depends on the beam
boundary conditions and mode number (A - 9.87, 39.5, 88.9, 158, and 247 for the first
five mode shapes of a simply supported beam, respectively). The beam under
consideration is simply supported and has dimensions of 0.3*0.025 m and the thickness
of 1 mm. The beam is made of structural steel with a Young's modulus £=210 GPa, and
density p = 7688 kg/m . The first five natural frequencies of the beam are evaluated
analytically using Eq. (A.4) and numerically using FE method. A beam element, with two
nodes and three degrees of freedom at each node, is used for meshing the beam. Table
(A.2) lists the first five natural frequencies of the beam with different number of elements
and the analytical values. The first five mode shapes are shown in Fig. (A.3).

Table A.2. Natural frequencies of a rectangular simply supported beam with different number of
elements.
Mode

Number of Elements

Exact

Number

5

10

20

30

40

values

/KHz)

1

24.98

24.98

24.98

24.98

24.98

24.98

/2(Hz)

2

100.09

99.93

99.92

99.92

99.92

99.98

/ 3 (Hz)

3

226.61

224.94

224.83

224.82

224.82

225.02

/4(Hz)

4

408.87

400.33

399.71

399.68

399.67

399.92

/s(Hz)

5

693.09

626.92

624.62

624.49

624.47

625.18
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y
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^
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Figure A.2. The first five mode shapes of a simply supported beam
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APPENDIX B
Programming in ANS YS and MATLAB

227

This Appendix describes the coupling process between MATLAB and ANSYS. The
MATLAB program controls the whole simulation and optimization process. ANSYS
Parametric Design Language (APDL) is used to for the finite element modal and
harmonic analyses. The FE analysis is conducted in ANSYS through three main
processors: preprocessor, solution processor, and general postprocessor.

The

preprocessor is used to build the model, define the material properties, specify the
element type, and generate the mesh. The solution processor is used to define the analysis
type and options, to apply the load and specify the boundary conditions, and to get the
solution. Finally, the postprocessor is used to review the results of the solution phase.
This includes the listing of the natural frequencies, the harmonic displacement, the
plotting of the deformed shapes, and the plotting of mode shapes.
B.l Coupling Between MATLAB and ANSYS
MATLAB provides a significant number of functions and tools for wide
engineering applications such as control and optimization tools. The coupling between
MATLAB and ANSYS makes the parametric analysis faster, adds more post processing
capabilities to ANSYS, and adds more optimization tools for the design process.
In the coupling process, separate text files are produced. These files are updated
either by MATLAB or by ANSYS at each design's iteration.
The following are the basic steps in the coupling process:
1.

MATLAB creates a text file and fills it up with APDL commands which define

the design variables such as dimple position, diameter, and height. A sample MATLAB
code to create the input file is shown next:
228

fid = fopen('inp.txt', 'wt');
fprintf(fid, '*set,x, %i\n',0.1);
fprintf(fid, '*set,y, %i\n',0.2);
fprintf(fid, '*set,hod, %i\n',0.15);
fprintf(fid, '*set,d, %i\n',0.03);
fclose(fid)

The previous code creates a text file its name is inp. t x t . The contents of this file are
shown next:
*set, x, 0.1
*set, y, 0.2
*set, hod, 0.15
•set, d, 0.03

2.

The MATLAB program runs the APDL code in the batch mode. A sample

MATLAB code to run ANSYS code in the batch mode is

3.

In the batch mode, the APDL reads the written commands in file inp.txt. by using

the following ANSYS code
/INPmVinpVtxtVCrXMatlab AnsysV,, 0
After that, the ANSYS program builds the model and do the modal and harmonic finite
element analyses.
4.

ANSYS creates the geometry and results files which will be used later by the

MATLAB program to calculate other quantities (e.g., the sound power of the dimpled
plate). As an example, the following APDL code creates a file its name is
NODES LOCATIONS.TXT. This file contains the coordinates of each node.
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*GET, NNUM, NODE,, count
*DIM, AA, ARRAY, NNUM, 4, 1,,,
*VGET, AA(1,1), NODE,, NLIST,,, 2
*VGET, AA(1,2), NODE,, LOC, X,,, 2
*VGET, AA(1,3), NODE,, LOC, Y,,, 2
*VGET, AA(1,4), NODE,, LOC, Z,,, 2
*CREATE, ansuitmp
*CFOPEN, INODES_LOCATIONS', 'TXT',''
*VWRITE, AA(1,1), AA(1,2), AA(1,3), AA(1,4),
(F6.0, 5X, 3(3x,F10.5))
*CFCLOS
*END

Part of the file NODES LOCATIONS.TXT is shown below
1.
2.
3.
4.
5.
6.
7.
8.
9.
10.

0.34700
0.32200
0.34637
0.34452
0.34154
0.33759
0.33285
0.32756
0.32200
0.32200

0.37200
0.34700
0.36643
0.36115
0.35641
0.35245
0.34947
0.34762
0.37200
0.34888

0.00000
0.00000
0.00000
0.00000
0.00000
0.00000
0.00000
0.00000
0.02000
0.00543

where the first column represents the node number, and the second, third, and forth
columns represents the x, y, and z coordinates of the node, respectively.
5.

After creating all the geometry and results files by ANSYS, MATLAB reads

these files, then calculates the objective function (e.g., the sound power).
The process of coupling MATLAB with ANSYS is summerized in Fig. (B.l).
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MATLAB FUNCTION

Text Files
Exchange

ANSYS

Creates Design
Variables File

Input
File

Reads Design
Variables

Runs APDL Program in
Batch Mode

Reads ANSYS
Results

Oi
Output
Files

FE Modal and
Harmonic Analyses

Creates FE
Results Files

Calculates the
Objective Function

Figure B.l. The approach of coupling MATLAB with ANSYS
B.2 MATLAB Sample Code
The following code is used to calculate the sound power Lw and the average squared
normal velocity of the surface (v£) of four-dimple plate

function

[POWLlbfdB]=Plate_W_SingleFrequency_FourDimples_function(P)

xl =
yl =
dl =
hodl

P(l)
P(5)
P(9)
= P(13)

x2 =
y2 =
d2 =
hod2

P(2)
P(6)
P(10)
= P(14)
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x3 =
y3 =
d3 =
hod3

P(3)
P(7)
P(ll)
= P(15)

x4 =
y4 =
d4 =
hod4

P(4)
P(8)
P(12)
= P(16)

clear En NL EC Data Dispreall Dispimagl Displ OMEGA K XNM XNMS XN XNl
XN2 XN3 XN4 AXNl AXN2 AXN3 AXN4 NVl ENVlavg VVl VVtotal POWLl Powllbf
fid = fopen('inp.txt

);

fprintf(fid,
fprmtf(fid,
fprintf(fid,
fprintf(fid,

'*set,xl, %i\n',xl);
'*set,yl, %i\n',yl);
'-seL,houl, %i\n',hodl),
'*set,dl, %i\n',dl);

fprintf(fid,
fprintf(fid,
fprintf (fid,
fprintf (fid,

i\n',x2);
'*set,x2,
i\n',y2);
•*set,y2,
" s e ,noa2, %i\n',hod2);
' ^ P . n?. ^n \r-',d2) ;

fprintf(fid,
fprintf(fid,
fprintf(fid,
fprintf(fid,

' "'set,x3, %j.\"',x3);
s e w y 3 , % J .\i',y3);
'*set,hod3, % i \ n ' , h o d 3 ) ;
!
*set,d3, % _ \ i ' , d 3 ) ;

fprintf(fid, '*set,x4, % i \ n ' , x 4 ) ;
fprintf(fid, '*set,y^, % _ \ ^ ' , y 4 ) ;
fprintf(fid, '*set,hod4, %j\n',hod4;
fprintf(fid, '*set,d4, % i \ n ' , d 4 ) ;
fclose(fid)

c=343;
RC=415;
%Read the noaes of each element (the nodes are orderec
fid=fopen('ELEMENTS_NODES.txt','r');
EN=fscanf(fid,'%g', [5 i n f ] ) ;
EN=EN';
%Read the nodes locations
fid=fopen('NODES_LOCATIONS.txt','r');
NL=fscanf(fid,'%g', [4 i n f ] ) ;
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:w;

NL=NL';
%Read the center location of each element
fid=fopen('ELEMENTS_CENTERS.txt' , ' r ' ) ;
EC=fscanf(fid,'%g', [4 inf]);
EC=EC';
%Read the no. of elements, no. of nodes, Fl, F2, F3, F4, and F5
fid=fopen('Data.txt','r');
Data=fscanf(fid,'%g', [1 inf]);
Data=Data';
&

Read the nodal displacements at specif:c Freq.
fid=fopen('NODAL_ Freall.txt' , ' r ' ) ;
Dispreall=fscanf(fid,'%g', [4 inf]);
Dispreall=Dispreall';
fid=fopen('NODAL_Fimagl.txt' , ' r ' ) ;
Dispimagl=fscanf(fid,'%g', [4 inf]);
Dispimagl=Dispimagl';
Displ(:,2:4)=Dispreall(:,2:4)+i*Dispimagl(:,2:4);
9'9-9-9-&9-J3-2-S-S-9'5-?-9-&-5-!J-9-S- 0 .9.^& 9-2-9-5-9-9-S-9-2-9-9-9--9-Q-3-0 c o o c o o o c o 0.0,0.0,0.0.0.0,0 o, g, o 3.0.0 o
O O O O O O O O O O O O O O O O O O O O ' O O O O O O O O C O O O O O O O O O O O C O O O O O ^ O ' G ' Q O O O O O O ' O ' O O O O O O O O

fclose('all')
3- 0. c. T. c ;> " o a c c ^ c . r . c , o , c g, g_ o ~ c. c a c o ^ o, g. o " 0 . 0 3 . 0 , 0 0 3-3-3,£-P,9,^c,o-^g,j.c

g_ 0. a i c . ^ ^ c . J D T_ g, O. g_ g,

OMEGA=2*pi*Data(3);
K=OMEGA./c;
%Calculate tre "Oda_ velocity at spec" fie frequency
NVl=Displ;
NV1(:,2:4)=-i*OMEGA(l).*Displ(:,2:4);
VVltotal=0;
lq=0;
lt=0;
for 1=1:Data(1)
%%% Assuring ANSYS created Triangular eiements%0o0o0=0c°c0c%%0o°0
0%% The following to calculate the area, unit normal, and
%%% volume velocity of the triangular elements
if (EN(I,4) == EN(I,5))
It=It+l
XN_t(:,:,It) = [NL(EN(I,2),2:4);NL(EN(I,3) ,2:4);NL(EN(I,4) ,2:4) ] ;
XU_t=zeros(3,3);
XNM_t=zeros(3,3);
° The following three for loops to calculate the unit normal
for 11=1:3
J=II+1;
if II==3;
J=l;
end
XU_t(II,l)=XN_t(II, l)-XN_t(J, 1) ;
XU_t(II,2)=XN_t(II,2)-XN t(J,2);
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XU_t (II, 3) =XN_t (II, 3) -XN_t (J, 3) ;
R=sqrt(XU_t(II,l). A 2 + XU_t(II,2).A2 + XU_t(II,3).A2 ) ;
XU_t(II, l)=XD_t(II,1) ./R;
XU_t(II,2)=XU_t(11,2)./R;
XU_t(11,3)=XU_t(11,3)./R;
end
for 11=1:3
J=II-1;
if (J==0)
J=3;
end
XNM_t(II,l)=XU_t(11,3).*XU_t(J,2)-XU_t(11,2).*XU_t(J,3);
XNM_t(11,2)=XU_t(11,1).*XU_t(J,3)-XU_t(11,3).*XU_t(J,1);
XNM_t(11,3)=XU_t(11,2).*XU_t(J,l)-XU_t(11,1).*XU_t(J,2);
R=sqrt(XNM_t(II,1).A2 + XNM_t(II,2).A2 + XNM_t(II,3).A2 ) ;
XNM_t(II,1)=XNM_t(II,1)./R;
XNM_t(II,2)=XNM_t(11,2)./R;
XNM_t(11,3)=XNM_t(11,3)./R;
end

for J=l:3
XNMS_t(J,1,It)=XNM_t(J,1);
XNMS_t(J,2,It)=XNM_t(J,2);
XNMS t(J,3,It)=XNM t(J,3);

XNl_t=det([XN_t(1,2:3),1 ; XN_t(2,2:3),1 ; XN_t(3,2:3),1]);
XN2_t=det([XN_t(1,3),XN_t(l,l),1; XN_t(2,3),XN_t(2,1),1;
XN_t(3,3),XN_t(3,1),1]);
XN3_t=det([XN_t(1,1:2),1 ; XN_t(2,1:2),1 ; XN_t(3,1:2),1]);
AXN_t=0.5*sqrt(XNl_t.A2+XN2_t.A2+XN3_t. A 2) ;
axn_t(It)=AXN_t;
oCalcu^ate the average normal velocity of each eleirent
ENVlavg_t(It)=(XNMS_t(l,:,It)*NV1(EN(I,2),2:4)'+XNMS_t(2,:,It)*
NV1(EN(I,3),2:4)'+XNMS_t(3,:,It)*NV1(EN(I,4),2:4)')/3
W l _ t (It)=ENVlavg_t (It)*axn_t (It) ;
axn(I) = axn_t(It);
ENVlavg(I)= ENVlavg_t(It);
W l ( I ) = W l _ t (It) ;
else %% o0o06%°o°c.%0o°o0o%00o o Calculate the areas, unit normal, and volume
% velocity of the regular elements (quadrilateral elements)
Iq=Iq+l;
°> Create eleTent natzix (XN) . Zu this ratrix each row reoreserts
o the locations of each node of the element
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X N ( : , : , I q ) = [ N L ( E N ( I , 2 ) , 2 : 4 ) ; N L ( E N ( I , 3 ) , 2 : 4 ) ; N L ( E N ( I , 4 ) , 2 : 4) ; N L ( E
N (1, 5 ) , 2 : 4) ] ;
I C a l c - l a c e t h e r_crrral d x r e j ^ i o r . a t
XNM=NORMAL(XN);
for J=l:4
XNMS(J,l,Iq)=XNM(J,1);
XNMS(J,2,Iq)=XNM(J,2);
XNMS(J,3,Iq)=XNM(J,3);
end

eacn

cf

tre

r.oae

points

% Divide each element into triangles, then find the area of each
% triangle
XN1=[NL(EN(I,2),2:4);NL(EN(I,3),2:4);EC(I,2:4)];
XNll=det([XN1(1,2:3),1 ; XN1(2,2:3),1 ; XN1(3,2:3),1]);
XN12=det([XN1(1,3),XN1(1,1),1 ; XN1(2,3),XN1(2,1),1 ;
XN1(3,3),XN1(3,1),1]);
XN13=det([XN1(1,1:2),1 ; XN1(2,1:2),1 ; XN1(3,1:2),1]);
AXN1=0.5*sqrt(XN11.A2+XN12.A2+XN13.A2);
XN2=[NL(EN(I,3), 2 : 4 ) ; NL(EN(1,4),2:4);EC (I,2 : 4)] ;
XN21=det([XN2(1,2:3),1 ; XN2(2,2:3),1 ; XN2(3,2 : 3) , 1] ) ;
XN22=det([XN2(1,3),XN2(1,1),1 ; XN2(2,3),XN2(2,1),1 ;
XN2(3,3) ,XN2(3,1) ,1] ) ;
XN23=det([XN2(1,1:2),1 ; XN2(2,1:2),1 ; XN2(3,1:2),1]);
AXN2=0.5*sqrt(XN21. A 2+XN22. A 2+XN23. A 2);
XN3=[NL(EN(I,4),2:4);NL(EN(I,5),2:4);EC(I,2:4)];
XN31=det([XN3(1,2:3),1 ; XN3(2,2:3),1 ; XN3(3,2:3),1]);
XN32=det([XN3(1,3),XN3(1,1),1 ; XN3(2,3),XN3(2,1),1 ;
XN3(3,3),XN3(3,1),1]);
XN33=det([XN3(1,1:2),1 ; XN3(2,1:2),1 ; XN3(3,1:2),1]);
AXN3=0.5*sqrt(XN31. A 2+XN32. A 2+XN33. A 2);
XN4=[NL(EN(I,5),2:4);NL(EN(I,2),2:4);EC(I,2:4)];
XN41=det([XN4(1,2:3),1 ; XN4(2,2:3),1 ; XN4(3,2:3),1]);
XN42=det([XN4(1,3),XN4(1,1),1 ; XN4(2,3),XN4(2,1),1 ;
XN4(3,3),XN4(3,1),1]);
XN43=det([XN4(1,1:2),1 ; XN4(2,1:2),1 ; XN4(3,1:2),1]);
AXN4=0.5*sqrt(XN41. A 2+XN42. A 2+XN43. A 2);
% Calculate the area of each element
axn_q(Iq)=AXN1+AXN2+AXN3+AXN4;
% Calculate the average normai vexocity of each element.
ENVlavg(Iq)=(XNMS(l,:,Iq)*NV1(EN(I,2),2:4)'+XNMS(2,:,Iq)*
NV1(EN(I,3),2:4)'+XNMS(3,:,Iq)*NV1(EN(I,4),2:4)'+XNMS(4,:
,Iq)*NVl(EN(I,5),2:4)')/4;
% Calculate the volume velocity of each element
Wl_q(Iq)= ENVlavg(Iq)*axn_q(Iq) ;
axn(I) = axn_q(Iq);
ENVlavg(I)= ENVlavg(Iq);
VV1(I)=VVl_q(Iq);
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end
%Calculate the overall volume velocity
VVltotal=VVltotal+VVl(I);
end

P0WL1 = K(1).*K(1) *RC* (abs(Wltotal*conj (Wltotal) )) /(8*pi) ;
POWLlbf = 2*POWLl; %Sound power level of tne baffled plate
POWLlbfdB = 10*logl0(POWLlbf/(10"-12))
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sumVSl=0;
for 1=1:Data(1)
sumVSl=sumVSl+(((abs(ENVlavg(I)))A2)*axn(I));
ena
VSSl=sumVSl/A;
VSSrmsl=VSSl/2

B.3 APDL Sample Code
The following code is used to build a four-dimple plate and perform modal and
harmonic analyses of this plate
/CWD,'C:\Matlab Ansys'
/INPUT/inp'/txt'/CAMatlab Ansys\'„ 0
/PREP7
! Define the dimensions of the plate
*SET,a,0.45
*SET,b,0.4
*SET,t,0.001
! Define the location of the force
*SET,Xf,0.35
*SET,Yf,0.3
! Calculate the radii and heights of dimples
*SET,hl,hodl*dl
*SET,rl,(hl**2+(dl/2)**2)/(2*hl)
*SET,tdtl,(dl**2)/((dl**2)+4*(hl**2))
*SET,h2,hod2*d2
*SET,r2,(h2**2+(d2/2)**2)/(2*h2)
*SET,tdt2,(d2**2)/((d2**2)+4*(h2**2))
*SET,h3,hod3*d3
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*SET,r3,(h3**2+(d3/2)**2)/(2*h3)
*SET,tdt3,(d3**2)/((d3**2)+4*(h3**2))
*SET,h4,hod4*d4
*SET,r4,(h4**2+(d4/2)**2)/(2*h4)
*SET,tdt4,(d4**2)/((d4**2)+4*(h4**2))
!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!

! Select the element type and properties
ET,1,SHELL63
•v-L/L/ t i t t *

R,2,t*tdtl
R,3,t*tdt2,,,,,,
R,4,t*tdt3,,,,,,
R,5,t*tdt4,
I!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!
i Define the material properties
MPTEMP„„„„
MPTEMP,1,0
MPDATA,EX,l„210e9
MPDATA,PRXY,1„.3
MPTEMP,,,,,,,,
MPTEMP,1,0
MPDATA,DENS,1„7800
!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!
! Plot and mesh the dimpled plate
FLST,3,23,8
FITEM,3,0,0,0
FITEM,3,a,0,0
FITEM,3,a,b,0
FITEM,3,0,b,0
FITEM,3,Xf,Yf,0
FITEM,3,a,Yf,0
FITEM,3,0,Yf,0
FITEM,3,xl,yl,0
FITEM,3,xl+(dl/2),yl,0
FITEM,3,xl,yl,(hl-rl)
FITEM,3,xl,yl,hl
FITEM,3,x2,y2,0
FITEM,3,x2+(d2/2),y2,0
FITEM,3,x2,y2,(h2-r2)
FITEM,3,x2,y2,h2
FITEM,3,x3,y3,0
FITEM,3,x3+(d3/2),y3,0
FITEM,3,x3,y3,(h3-r3)
FITEM,3,x3,y3,h3
FITEM,3,x4,y4,0
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FITEM,3,x4+(d4/2),y4,0
FITEM,3,x4,y4,(h4-r4)
FITEM,3,x4,y4,h4
K, ,P51X
LARC,9,ll,10,rl,
l*

LARC,13,15,14,r2,
LARC,17,19,18,r3,
l*

LARC,21,23,22,r4,
FLST,2,l,4,ORDE,l
FITEM,2,1
FLST,8,2,3
FITEM,8,8
FITEM,8,10
AR0TAT,P51X,,,,, ,P51X, ,360,,
FLST,2,l,4,ORDE,l
FITEM,2,2
FLST,8,2,3
FITEM,8,12
FITEM,8,14
AROTAT,P51X,,,,, ,P51X, ,360,,
FLST,2,l,4,ORDE,l
FITEM,2,3
FLST,8,2,3
FITEM,8,16
FITEM,8,18
AROTAT,P51X,,,,, ,P51X, ,360,,
FLST,2,l,4,ORDE,l
FITEM,2,4
FLST,8,2,3
FITEM,8,20
FITEM,8,22
AROTAT,P51X,,,,, ,P51X, ,360,,
FLST,2,5,3
FITEM,2,1
FITEM,2,2
FITEM,2,6
FITEM,2,5
FITEM,2,7
A,P51X
FLST,2,4,3
FITEM,2,6
FITEM,2,3
FITEM,2,4
FITEM,2,7
A,P51X

FLST,2,18,5,ORDE,2
FITEM,2,1
FITEM,2,-18
APTN,P51X
FLST,2,4,5,ORDE,2
FITEM,2,19
FITEM,2,-22
ADELE,P51X
FLST,2,18,5,ORDE,4
FITEM,2,1
FITEM,2,-16
FITEM,2,23
FITEM,2,-24
AGLUE,P51X
FLST,5,2,5,ORDE,2
FITEM,5,23
FiTEM,5,-24
CM,_Y,AREA
ASEL,,, ,P51X
CM,_Y1,AREA
CMSEL,S,_Y
l*

CMSEL,S,_Y1
AATT,
1,
1, 1,
CMSEL,S,_Y
CMDELE,_Y
CMDELE,_Y1
!*
FLST,5,4,5,ORDE,2
FITEM,5,1
FITEM,5,-4
CM,_Y,AREA
ASEL,,, ;P51X
CM,_Y1,AREA
CMSEL,S,_Y
!*
CMSEL,S,_Y1
AATT,
1,
2, 1,
CMSEL,S,_Y
CMDELE,_Y
CMDELE,_Y1
!*
FLST,5,4,5,ORDE,2
FITEM,5,5
FITEM,5,-8
CM,_Y,AREA
ASEL,,, ,P51X
CM,_Y1,AREA

CMSEL,S,_Y
!*
CMSEL,S,_Y1
AATT,
1,
3, 1,
CMSEL,S,_Y
CMDELE,_Y
CMDELE,_Y1
!*
FLST,5,4,5,ORDE,2
FITEM,5,9
FITEM,5,-12
CM,_Y,AREA
ASEL,,, ,P51X
CM,_Y1,AREA
CMSEL,S,_Y
!*
CMSEL,S,_Y1
AATT,
1,
4, 1,
CMSEL,S,_Y
CMDELE,_Y
CMDELE,_Y1
!*
FLST,5,4,5,ORDE,2
FITEM,5,13
FITEM,5,-16
CM,_Y,AREA
ASEL,,, ,P51X
CM,_Y1,AREA
CMSEL,S,_Y
!*
CMSEL,S,_Y1
AATT,
1,
5, 1,
CMSEL,S,_Y
CMDELE,_Y
CMDELE,_Y1
!*
FLST,2,2,5,ORDE,2
FITEM,2,23
F!TEM,2,-24
AESIZE,P51X,b/80,
FLST,2,4,5,ORDE,2
FITEM,2,1
FITEM,2,-4
AESIZE,P51X,dl/10,
FLST,2,4,5,ORDE,2
FITEM,2,5
FITEM,2,-8
AESIZE,P51X,d2/10,

0,

0,

0,
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FLST,2,4,5,ORDE,2
FITEM,2,9
FITEM,2,-12
AESIZE,P51X,d3/10,
FLST,2,4,5,ORDE,2
FITEM,2,13
FITEM,2,-16
AESIZE,P51X,d4/10,
MSHAPE,0,2D
MSHKEY,0
!*
FLST,5,18,5,ORDE,4
FITEM,5,1
FITEM,5,-16
FITEM,5,23
FITEM,5,-24
CM,_Y,AREA
ASEL,,, ,P51X
CM,_Y1,AREA
CHKMSH/AREA'
CMSEL,S,_Y
I*

AMESH,_Y1
!*
CMDELE,_Y
CMDELE,_Y1
CMDELE,_Y2
! Create mesh properties files
/UI,MESH,OFF
*GET,NNUM,NODE„count
*DIM,AA,ARRAY,NNUM,4,1,,,
*VGET,AA(1,1),N0DE, ,NLIST,, ,2
*VGET,AA(l,2),NODE, ,LOC,X,, ,2
*VGET,AA(l,3),NODE, ,LOC,Y,, ,2
*VGET,AA(l,4),NODE, ,LOC,Z,, ,2
*CREATE,ansuitmp
•CFOPEN/NODESJ-OCATIONS'/TXT',''
*VWRITE,AA<1,1),AA(1,2),AA(1,3),AA(1,4),,,,,,
(F6.0,5X,3(3x,F10.5))
*CFCLOS
*END
/INPUT,ansuitmp
*GET,ENUM,ELEM„count
*DIM,BB,ARRAY,ENUM,5,1,,,
*VGET,BB(1,1),ELEM, ,ELIST,, ,2
*VGET,BB(1,2),ELEM, ,NODE,l,, ,2
*VGET,BB(1,3),ELEM, ,NODE,2,, ,2
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*VGET,BB(1,4),ELEM, ,N0DE,3,, ,2
*VGET,BB(1,5),ELEM, ,N0DE,4,, ,2
*CREATE,ansuitmp
*CFOPEN,,ELEMENTS_NODES,,'TXT',"
*VWRITE,BB(1,1),BB(1,2),BB(1,3),BB(1,4),BB(1,5),,,,,
(F6.0,5X,4(3x,F5.0))
*CFCLOS
*END
/INPUT,ansuitmp
*DIM,CC,ARRAY,ENUM,4,1,,,
*VGET,CC(1,1),ELEM, ,ELIST,, ,2
*VGET,CC(1,2),ELEM, ,CENT,X,, ,2
*VGET,CC(1,3),ELEM, ,CENT,Y,, ,2
*VGET,CC(1,4),ELEM, ,CENT,Z,, ,2
*CREATE,ansuitmp
*CFOPEN/ELEMENTS_CENTERS7TXT7'
vvVRi i t , C n l , i | , t M i / ) , a ( l , 3 / , L 4 i , t | , , , , , ,
(F6.0,5X,3F10.5)
*CFCLOS
*END
/INPUT,ansuitmp
FINISH
I!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!
/SOLU
!*
ANTYPE,2 IModal analysis
!*
MODOPT,LANB,10
EQSLV,SPAR
MXPAND,10,, ,0
LUMPM,0
PSTRES,0
!*
MODOPT,LANB,10,0,0, ,0FF
FLST,2,6,4,ORDE,4
FITEM,2,33
FITEM,2,-34
FITEM,2,37
FITEM,2,-40
! Define the BCs
/GO
DL,P51X, ,UX,0
FLST,2,6,4,ORDE,4
FITEM,2,33
FITEM,2,-34
FITEM,2,37
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FITEM,2,-40
I*
/GO
DL,P51X, ,UY,0
FLST,2,6,4,ORDE,4
FITEM,2,33
FITEM,2,-34
FITEM,2,37
FITEM,2,-40
!*
/GO
DL,P51X, ,UZ,0
SOLVE
!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!! Read the first ten natural frequencies !!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!
FINISH
/POST1
SET, FIRST
SET, NEXT
SET, NEXT
SET, NEXT
SET, NEXT
SET,NEXT
SET, NEXT
SET, NEXT
SET, NEXT
SET, NEXT
!*
*GET,F1,M0DE,1,FREQ
*GET,F2,MODE,2,FREQ
*GET,F3,MODE,3,FREQ
*GET,F4,MODE,4,FREQ
*GET,F5,MODE,5,FREQ
*GET,F6,MODE,6,FREQ
*GET,F7,MODE,7,FREQ
*GET,F8,MODE,8,FREQ
*GET,F9,MODE,9,FREQ
*GET,F10,MODE,10,FREQ
*CREATE,ansuitmp
•CFOPEN/Frequency'/txt',"
*VWRITE,F1„„„„,
(F10.3)
*VWRITE,F2„„„„,
(F10.3)
*VWRITE,F3„„„„,
(F10.3)
"VWRITE^,,,,,,,,,
(F10.3)
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*VWRITE,F5„„„„,

(F10.3)
*VWRITE,F6„„„„,

(F10.3)
*VWRITE,F7„„„„,
(F10.3)
*VWRITE,F8„„,„„
(F10.3)
*VWRITE,F9„„„„,
(F10.3)
*VWRITE,F10„„„„,
(F10.3)
*END
/INPUT,ansuitmp
FINISH

!!!!!!! !!!!!!!!!!!M!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!! !!!!!!!!!!!!!!!!!!!!!!!!!!!!!MM!!!!!!!!!!!!
/SOLU
!*
ANTYPE,3 IHarmonic analysis
!*
HROPT,FULL
HROUT,ON
LUMPM,0
!*
EQSLV, ,le-8,
PSTRES,0
I*
FLST,2,l,3,ORDE,l
FITEM,2,5
I*

/GO
FK,P51X,FZ, 1, I The force = 1 N
HARFRQ,10,300, IFrequency range:10-300 Hz
NSUBST,450,

KBC,1
!*
ALPHAD,0,
BETAD,0,
DMPRAT,0.02,
SOLVE
FINISH

!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!i!!!!!H!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!
IRead the results at any single frequency (For example: select the natural frequency )

!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!
*SET,Freq,150
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! Create a text file contains the number of elements, number of nodes, and the frequency of
! interest
*CREATE,ansuitmp
•CFOPEN/Data'/txt',"
*VWRITE,ENUM„„„„,
(F10.3)
*VWRITE,NNUM„„„„,
(F10.3)
*VWRITE,Freq,„„„„
(F10.3)
*END
/INPUT,ansuitmp
!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!
IRead the Harmonic nodal displacemts (real and imaginary), and creates displacements files

/POST1
SET,NEAR, ,i,0,Freqi,,
*DIM,RFreall,ARRAY,NNUM,4,l,,,
*VGET,RFreall(l,l),NODE, ,NLIST,, ,2
*VGET,RFreall(l,2),NODE, ,U,X,, ,2
*VGET,RFreall(l,3),NODE, ,U,Y,, ,2
*VGET,RFreall(l,4),NODE, ,U,Z,, ,2
*CREATE,ansuitmp
•CFOPEN/NODAL.Freall'/TXT'/'
*VWRITE,RFreall(l,l),RFreall(l,2),RFreall(l,3),RFreall(l,4),,,,,,

(F6.0,3(3x,F16.10))
*CFCLOS
*END
/INPUT,ansuitmp
SET,NEAR, , l , l , F r e q l , ,
*DIM,RFimagl,ARRAY,NNUM,4,l,,,
*VGET,RFimagl(l,l),NODE, ,NLIST,, ,2
*VGET,RFimagl(l,2),NODE, ,U,X,, ,2
*VGET,RFimagl(l,3),NODE, ,U,Y,, ,2
*VGET,RFimagl(l,4),NODE, ,U,Z,, ,2
*CREATE,ansuitmp
*CFOPEN,'NODAL_Fimagl,,,TXT7'
*VWRITE,RFimagl(l,l),RFimagl(l,2),RFimagl(l,3),RFimagl(l,4),,,,,,
(F6.0,3(3x,F16.10))
*CFCLOS
*END
/INPUT,ansuitmp
!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!!
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